
Rotor-to-seal rubs in a steam turbine caused by deposits 
of carbonized oil 

A. Vania1, P. Pennacchi1, S. Chatterton1, F. Cangioli1 
1 Politecnico di Milano, Dept. of Mechanical Engineering 
Via La Masa 1, I-20156, Milano, Italy 
e-mail: andrea.vania@polimi.it 

Abstract 
Sometimes, deposits of carbonized oil may cause the obstruction of the available radial clearance between 
shaft and oil deflectors in the area close to oil-film journal bearings of steam turbines. As a result, the friction 
forces generated by light rotor-to-stator rubs usually cause a shaft thermal bow and changes in the 
synchronous vibration. Owing to the continuous increase of vibration levels and rub-induced contact forces, 
the blocking material can be abraded quickly. Therefore, intermittent onsets of high peaks in the shaft 
vibration may occur also under stable operating conditions. This paper shows a case history in which 
deposits of carbonized oil caused rubbing phenomena in a steam turbine. A diagnostic method that has 
allowed the cause of the fault to be identified is described. Besides, comparisons between experimental data 
and numerical results obtained with a model-based diagnostic method are also shown. 

1 Introduction 

The diagnosis of faults in rotating machinery is often based on the analysis of the symptoms pointed out by 
vibration data collected by condition monitoring systems. However, some different faults can cause similar 
symptoms. This may make it difficult to perform a proper diagnosis of the malfunction. Therefore, in order 
to obtain reliable results, diagnostic techniques must be able to take into account additional information like 
the historic trend of vibration data and process parameters, along with some basic mechanical and 
geometrical characteristics of the rotating machine. 
The friction forces generated by rotor-to-stator rubs often cause a shaft thermal bow whose main effect on 
the machine dynamic behaviour is a progressive change in the synchronous (1X) vibration. However, most 
of the rotor-to-stator rubs are a consequence of a further primary fault that causes an initial increase of the 
vibration level such as to exceed the radial clearance between shaft and stationary parts. For instance, this 
primary fault can be represented by residual imbalances and shaft thermal bows, thermally induced changes 
in the machine alignment, blade loss events, wrong adjustments of the radial clearance of some machine 
components carried out during maintenance actions. Therefore, if the machine alignment is correct and the 
available radial clearance between rotating and stationary parts is sufficiently high, it is rather unlikely that 
rubbing phenomena start when the vibration levels, caused by common excitations, are low. However, the 
accidental presence of hard carbonized coke-like deposits in the radial clearance between rotating and 
stationary parts, like lube oil labyrinth seals, may cause occasional obstructions of the clearance. As a result, 
rubbing phenomena and a consequent shaft thermal bow are generated. 
This malfunction, which commonly occurs at the machine operating speed, can cause intermittent severe 
peaks of the 1X vibration. In fact, owing to the continuous increase of the shaft bow and vibration levels, as 
well as of the contact forces between the shaft and the deposit of carbonized oil, the hard and brittle material 
that obstruct the radial clearance can be abraded. As a consequence of that, the rubbing phenomenon 
extinguishes and the heat input vanishes. Hence, the magnitude of the shaft thermal bow decreases. Owing 
to this, and to the rotary motion of the shaft, which is often characterized by a rather high angular speed, a 
fairly fast and complete straightening of the rotor occurs. However, a new deposit of carbonized oil can 
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again obstruct the radial clearance between rotating and stationary parts, so that a further event of rotor-to-
stator rubs may take place after an unpredictable time interval. 
Owing to the particular characteristics of this fault, the symptoms caused, in the machine vibration, by the 
rub-induced thermal bow are similar to those due to Newkirk effects and spiral vibrations. However, the 
casual repetition of the rub events and the absence of a cyclicality of the vibration peaks make this machine 
dynamic behavior quite different from that represented by common spiral vibrations that can cause a limit 
cycle or an outward spiraling of the 1X vector whose magnitude expands, continuously, until a machine trip 
is triggered. 
This paper shows a case history in which the 1X vibration of a steam turbine, monitored in operating 
condition, have been affected by temporary very high levels. The shaft vibration continuously increased and 
decreased without any significant change of the process parameters. The events of high 1X vibration were 
intermittent and casual. According to these symptoms it was suspected the occurrence of light rotor-to-stator 
rubs. However, it was unclear why these phenomena also started when the vibration levels were rather low. 
Besides, it was not clear what caused the temporary cessation of the rubs and the subsequent occurrence of 
further onsets of similar phenomena, after time intervals whose length was causal. 
In fact, the effects of an unbalance, like that caused by a blade loss, are permanent, while the amplitude of 
the spiral vibration due to a rub-induced thermal bow of the shaft tends to increase continuously or to be 
affected by a limit cycle, especially when rather light rubs occur. In the latter case, the 1X vibration is often 
affected by recurrent changes, of both amplitude and phase, which are nearly periodic. Conversely, in the 
present case study, the peak values of the shaft vibration approached or exceeded the alarm limit only for 
short time intervals. Moreover, the recurrent peaks of the vibration levels did not happen at regular intervals 
and their maximum amplitudes were fairly different from time to time. 
A visual inspection allowed finding the presence of a large amount of deposits of carbonized oil in the oil 
deflectors mounted in the area close to a turbine journal bearing. The formation of hard carbonized coke-
like deposits caused occasional temporary obstructions of the radial clearance between the shaft and the oil 
deflectors. The friction forces due to the consequent rubs caused a shaft thermal bow and changes in the 
synchronous vibration. Sometimes, spiral vibrations, characterized by a short spiraling of the 1X vectors, 
occurred. The increase of the vibration level caused an increase of the contact forces. As a result, the hard 
and brittle deposits of carbonized oil were abraded and the rubbing phenomena ceased, until a new 
obstruction of the radial clearance occurred again. This caused unusual intermittent peaks in the historic 
trend of the 1X vibration. 
Rotor-to-seal rubs caused by the presence of deposits of carbonized oil is not one of the most common faults 
in rotating machines but when this phenomenon occurs the consequences in the rotor-system vibration can 
be rather serious, while the fault symptoms may be as evident as ambiguous. In fact, the occurrence of 
intermittent peaks of the 1X vibration, detected at the rated speed, even when only negligible changes in the 
process parameters happen, is really an uncommon behaviour. 
The analysis of the case history described in the paper has been carried out with a diagnostic method that 
can provide some indications that are useful to confirm the suspect of the occurrence of rubbing phenomena 
caused by the presence of deposits of carbonized oil. Rather complex mathematical models can be used to 
simulate the spiral vibrations induced by rotor-to-stator rubs, rigorously [1-8]. Conversely, in the present 
investigation, a simplified method that simulates the dynamic effects caused by the rub-induced thermal 
bow of the shaft has been applied. The numerical results obtained with this method are shown and compared 
to the corresponding experimental data. 

2 Case history 

The dynamic behavior of a 135 MW steam-turbine power unit that has been affected by rotor-to-seal rubs 
has been analyzed. This paper shows some results of this diagnostic analysis. The steam-turbine unit was 
installed in a 360 MW combined cycle power plant. This unit could operate as a stand-alone machine-train, 
being it separated from the turbogas power unit. Figure 1 shows the machine diagram of the unit, which was 
composed of a generator, a high-pressure (HP) steam turbine, an intermediate-pressure (IP) and a low-
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pressure (LP) steam turbine. The stages of the HP turbine were mounted on a shaft supported on a single 
oil-film journal bearing, while the stages of the IP and LP turbines were mounted on a shaft supported on 
two oil-film journal bearings. The turbine shafts were connected by means of a rigid coupling. Each support 
was equipped with a pair of XY proximity probes. The support numbering and the angular position of the 
proximity probes are shown in Figure 1. An elliptical journal bearing was mounted at the support #2 while 
six shoes tilting-pad journal bearings, having a load-on-pad (LOP) configuration, were mounted at the 
supports #1 and #3. The rated speed of the shaft-train was 3000 rpm. A distributed control system (DCS) 
performed the continuous basic monitoring of machine vibrations and process parameters. 

 
Figure 1: Machine-train diagram 

The overall amplitude of the turbine vibration measured in operating condition, with a nearly constant load, 
suddenly experienced temporary peaks that occasionally reached considerable levels. This abnormal 
dynamic behavior occurred at all the supports of the steam turbines. Figure 2 shows the historic trend of the 
overall amplitude of the vibrations measured at bearings #1, #2 and #3, in the X direction, during a time 
interval of about thirteen hours. The highest amplitude of the turbine vibration approached 140 µm pp. 
In correspondence of each peak the vibration amplitude increased continuously, starting from rather low 
values, then it reached a maximum level that remained at the peak value only for a few minutes. In the end, 
it decreased with a rate of change just a little slower than that with which it had raised. Each peak of vibration 
affected the machine dynamic behavior for about one hour. The decreases of the vibration amplitude always 
occurred without doing any significant change of the main process parameters of the plant. Every time, at 
each measurement point, the vibration level returned to low starting values. That is, the phenomenon of the 
abnormal vibration was recurrent and almost reversible, but the length of the period that separated two 
consecutive peaks of vibration was rather casual. Moreover, the maximum vibration amplitude sometimes 
occurred at bearing #2, while other times it occurred at bearing #3. The vibration of the two turbines was 
actually affected by intermittent peaks that occasionally reached considerable levels. 
Figure 3 shows the overall amplitude of the vibrations measured at bearings #1, #2 and #3, in the X direction, 
during a planned coastdown. In this case, the unit slowdown started when the vibration level was rather low 
at all three supports of the steam turbines. However, when the rotational speed approached the range from 
1200 rpm to 1800 rpm, which contains the first two flexural critical speeds of the turbine shafts, the vibration 
levels increased significantly. The maximum amplitude, which occurred at bearing #2, reached 262 µm pp. 
These vibration levels were noticeable and quite different from those experienced during previous runups 
and coastdowns of the unit. However, it was possible to exclude the occurrence of rotor-to-bearing rubs 
because of the normal values of the white-metal temperature measured during the machine coastdown. 
Conversely, it was suspected that rubbing phenomena between rotating and stationary parts occurred, likely 
in the area of the turbine shafts where packing-glands were mounted. That is, in the area before the first 
stages of both HP and IP turbines. In the latter case, the gland seals are rather close to the journal bearing 
#2 (Figure 4). An advanced monitoring system that performed the order analysis of the machine vibrations, 
continuously, was installed in order to detect the recurrent noticeable intermittent peaks of the turbine 
vibration that occurred in the operating condition. This monitoring activity has allowed finding out that the 
harmonic content of the turbine vibration measured at the rated speed was always dominated by the 1 × rev. 
(1X) harmonic order, as proved below. 
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Figure 2: Overall amplitude of the shaft vibrations 
measured at bearings #1, #2 and #3, in the X 
direction, in operating condition (3000 rpm) 

Figure 3: Overall amplitude of the shaft vibrations 
measured at bearings #1, #2 and #3, in the X 

direction, during a coastdown 

 
Figure 4: Steam turbine shafts 

Figure 5 shows the historic trend of amplitude and phase of the uncompensated 1X vibrations measured at 
bearings #1, #2 and #3, in the X direction, in a time period during which a significant peak amplitude 
occurred (Case A). This abnormal behavior was detected in operating condition, with a nearly constant load. 
It is possible to note that when the vibration peak occurred, the corresponding phase was affected by a 
significant change. Besides, when the abnormal dynamic behaviour ceased, both amplitude and phase of the 
1X vibrations returned to the values of the respective “reference vibrations” that correspond to the 1X 
vectors measured before the occurrence of the peak amplitude. 
This confirmed that the residual imbalance of the shafts was rather low and that the malfunction was caused 
by a reversible phenomenon. However, the phase of the 1X vibration vector caused, at each measurement 
point, by the unidentified fault was not the same in occasion of each occurrence of a peak amplitude. 
Therefore, the maximum vibration level sometimes occurred at different bearings of the turbine shafts. 
Figure 6 shows the historic trend of the so called “not-1X” amplitude of the vibrations measured at bearings 
#1, #2 and #3, in the X direction, during the time period of the Case A. The curves shown in this figure 
confirm that during the occurrence of the rubbing phenomena the machine dynamic behaviour was 
dominated by the 1X vibration, while the contribution of both sub-synchronous and super-synchronous 
vibrations was negligible. 
In order to bring out the effects caused by the fault, the 1X reference vectors measured at 3000 rpm, with 
the unit operating in normal state, that is with low stable vibrations like those occurred at the beginning of 
the observation period, were subtracted from the corresponding 1X vibration data collected at any time 
instant. This data processing is similar to the run-out compensation sometimes used for the analysis of the 
vibration data collected during machine runups. This investigation method is based on the assumption that 
the nonlinear effects caused by the unidentified phenomenon were unimportant. Figure 7 shows the historic 
trend of the shaft vibrations obtained compensating the 1X vectors previously illustrated in Figure 5. It is 
possible to note that the amplitude of the 1X vibration that can be mainly ascribed to the fault increases 
continuously before reaching its maximum value. Similarly, after having reached the top of the peak, the 
vibration amplitude decreases continuously and it nullifies asymptotically. 
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Figure 5: Case A: historic trend of the 1X 
vibrations (uncompensated) measured at bearings 

#1, #2 and #3, in the X direction, in operating 
condition (3000 rpm), during the occurrence of a 

rubbing phenomenon 

Figure 6: Case A: historic trend of the not-1X 
amplitude of the vibrations measured at bearings 

#1, #2 and #3, in the X direction, in operating 
condition (3000 rpm), during the occurrence of a 

rubbing phenomenon 

  

Figure 7: Historic trend of the compensated 1X 
vibrations measured at bearings #1, #2 and #3, in the 

X direction, in operating condition, during the 
occurrence of a rubbing phenomenon (Case A) 

Figure 8: Polar plot of the compensated 1X 
vibrations measured at bearings #1, #2 and #3, 

in the X direction, at 3000 rpm, during the 
occurrence of a rubbing phenomenon (Case A) 

The phase of the compensated 1X vibration is affected by a slow continuous rotation. With reference to the 
data illustrated in Figure 7, the rate of change of amplitude and phase of the compensated 1X vibration 
vectors is nearly the same at all journal bearings of the turbine shafts. These characteristics of the 
compensated 1X vibration are clearly pointed out by the polar plot shown in Figure 8. When the vibration 
levels decrease, the values of the 1X phase are different from those found during the continuous increase of 
the vibration amplitude. Nevertheless, when the additional 1X vibration caused by the fault nullifies, the 
phase of the uncompensated vibration tends to return to the corresponding reference value. The main 
symptoms of this phenomenon are consistent with the occurrence of rubs between rotating and stationary 
parts of the steam turbine. In fact, it was possible to suppose that the friction forces generated by the rubs 
caused a reversible shaft thermal bow that, in turn, caused additional 1X vibrations of the turbine shafts. 
However, it was not clear what primary fault caused the rotor-to-stator contacts since the amplitude of the 
turbine vibration always started increasing from rather low levels. This was not in accordance with normal 
values of the available radial clearance of seals and journal bearings. 
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The amplitude of the 1X vibration measured in operating condition by a given proximity probe increased 
continuously, or it showed a more complex trending, depending on the relative phase between the additional 
1X vibration caused by the shaft thermal bow and the respective 1X reference vector. The sudden extinction 
of this phenomenon and the consequent continuous decrease of the shaft vibration levels could be explained 
as a temporary end of the rubs. If the rotor heating caused by the friction forces generated by the rubs 
nullifies, the high rotational speed is able to straighten the shaft in a rather short time period. However, it 
was not clear what caused the sudden extinction of the rubs and the intermittent recurrence of this 
phenomenon. 
Figure 9 shows the 1X filtered orbits evaluated, at bearings #1, #2 and #3, considering the compensated data 
collected, in operating condition, in concomitance with the occurrence of the maximum vibration amplitude. 
The major axis of the 1X elliptical orbit evaluated at bearing #3 is nearly horizontal. This orbit, which is the 
largest one, is also rather flat. These characteristics are rather unusual for an orbit measured at a six shoes 
tilting-pad journal bearing whose anisotropy is not so much important as that of elliptical oil-film journal 
bearings. Therefore, it was possible to suspect that the rubbing phenomena were caused by a machine 
misalignment, perhaps influenced by the machine thermal state. 
Figure 10 shows the polar plots of the compensated 1X vibrations measured, at bearings #1, #2 and #3, in 
operating condition, over a time period of thirteen minutes, in occasion of a further event (Case B) of a 
temporary peak of the turbine vibration levels, caused by rubbing phenomena occurred in operating 
condition. In this case, since the maximum vibration amplitude exceeded the precautionary trip level that 
had been set to prevent serious damage, an automatic shutdown of the power unit occurred. The comparison 
between the polar plots illustrated in Figures 8 and 10 points out that the phase of the 1X vibration vectors 
caused by the fault, in the two case studies, at the corresponding measurement points, is quite different. 
Conversely, the relative phase of the compensated 1X vibrations measured at each pair of measurement 
points is nearly the same for both case studies A and B. These findings confirmed the suspect that the 
temporary increase of the 1X vibration amplitude was caused by rotor-to-seal rubs. However, with reference 
to the area of the rotor that was affected by the rubs, the angular position of the point of the shaft orbit at 
which the rotor-to-seal contacts occurred was not the same for each rubbing event. This is in accordance 
with the readings of different phase values of the 1X additional vibrations caused by the rubs. Therefore, 
the unidentified fault that caused the rubs gave rise to dynamic effects that were not entirely repetitive. 
 

  

Figure 9: 1X filtered orbits obtained considering the 
compensated vibrations measured at bearings #1, 
#2 and #3, at 3000 rpm, in concomitance with the 

maximum vibration amplitude (Case A) 

Figure 10: Polar plot of the compensated 1X 
vibrations measured at bearings #1, #2 and #3, in 
the X direction, in operating condition, during a 

rubbing onset (Case B) 

Figure 11 shows the Bode plot of the 1X vibrations of the steam turbines measured at bearings #1, #2 and 
#3, in the X direction, during the machine shutdown. Since the vibration levels were just rather high even 
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at the beginning of the turbine slowdown, being the turbine shaft already affected by a thermal bow, the 
vibration amplitudes increased considerably when the rotational speed crossed the flexural critical speeds 
contained in the range from 1200 rpm to 1800 rpm. The highest vibration amplitude measured on bearing 
#2 reached 488 µm pp at the rotational speed of 1685 rpm. Also in this case the white-metal temperature of 
all journal bearings was normal and almost unaffected by the vibration levels. This confirmed the suspect 
that rubbing phenomena occurred at some seals rather than at the turbine bearings. In this case, it is likely 
that when the rotational speed approached the first balance resonance with vibration levels that were already 
rather high, further light rubs also occurred at the packing glands of the IP turbine, which are close to bearing 
#2. It is also possible to note that the amplitude of the 1X vibration measured in the final part of the machine 
slowdown is very low. This means that the rubs, and the consequent friction forces, caused only a temporary 
shaft thermal bow, which disappeared during the coastdown, after crossing the first balance resonance of 
the turbine shafts. The rotor straightening, which occurred in about thirty minutes, confirmed that the rotor-
to-stator contacts certainly ceased during the machine slowdown, when the rotational speed was lower than 
the first flexural speed of 1670 rpm. It is well known that reversible shaft thermal bows may vanish in a 
rather short time, if the heat input is eliminated, by operating the machine at a significant rotational speed. 
Otherwise, the unit can be operated in barring mode, that is at a very low rotational speed, for a longer time. 
 

 

 

Figure 11: Bode plot of the 1X vibrations of the 
shaft measured at bearings #1, #2 and #3, in the X 

direction, during a machine coastdown 

Figure 12: Evolution over time of the 1X filtered 
orbits measured at bearing #2, at 3000 rpm, during 

the occurrence of rotor-to-seal rubs 

The vibration data illustrated in Figure 10 show that the phase of the 1X vectors collected at each 
measurement point, at the rated rotational speed, is affected by a slow but continuous rotation that 
approached 35° degrees, over a time interval of only thirteen minutes. This symptom is in accordance with 
the occurrence of spiral vibrations [1-13]. The increasing spiraling motion of the rub induced thermal bow 
happens in a direction opposite to that of the shaft rotation. This is a typical phenomenon that may affect 
the dynamic behavior of rotating machines that are subjected to light rubs between rotating and stationary 
components, especially when the rotational speed is lower than a flexural critical speed and not very far 
from it. This behavior is confirmed by the analysis of the 1X filtered orbits obtained processing the 
compensated synchronous vibrations measured at bearing #2 during the rub evolution (Case B). 
Figure 12 shows the evolution of the shape of the above mentioned orbits measured at different times during 
the rubbing phenomenon. The orbit flatness is weakly affected by the rubs although its amplitude increased 
significantly in the time as a result of the growing magnitude of the shaft thermal bow. The angular position 
of the key-phasor dot, as well as that of the hot spot, moves backwards along the orbit. This phenomenon 
has been pointed out in Figure 12 by drawing the segment that connects the key-phasor dot with the center 
of the corresponding elliptical orbit. This segment rotates continuously during the rub evolution, in the 
opposite versus of the shaft rotation, in accordance with the symptoms of common spiral vibrations. 
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As a consequence of these findings, it was decided to stop the unit and perform a visual inspection of the 
oil deflectors mounted at both sides of bearing #2. Figure 13 shows a picture of one of these components 
that were both found significantly damaged. Besides, a large amount of deposits of carbonized oil was found 
in the machine area close to the journal bearing #2. 
These deposits are agglomerations of hard and brittle material that occasionally caused the obstruction of 
the available radial clearance between shaft and seal (Figure 14). Therefore, rotor-to-seal rubs started 
occurring even when the amplitude of the turbine vibration was rather low, but sufficient to cause contacts 
between shaft and blocking material. Moreover, the continuous increase of the vibration levels and the 
consequent increase of the contact forces abraded the deposits of carbonized oil that temporarily occluded 
the seal radial clearance. This explains the sudden cessation of the rubs detected during the machine 
monitoring in operating conditions during which the process parameters were nearly constant. 
 

  

Figure 13: Oil deflector mounted at bearing #2 and 
deposits of carbonized oil 

Figure 14: Example of a radial clearance 
obstruction 

Since the angular position where these occlusions formed was casual, the phase of the 1X additional 
vibration induced by the consequent shaft thermal bow was not repetitive. Therefore, in accordance with the 
experimental findings, the 1X vibration measured by the probes, given by the sum of the synchronous 
additional vibration vector and the corresponding 1X reference vibration, could reach the maximum level at 
different journal bearings of the turbine shafts. The blockage of the radial clearance occurred occasionally, 
at the unit rated speed. However, this phenomenon was more likely during rotational speed transients when 
the crossing through the first balance resonance of the shaft caused an unavoidable increase of the vibration 
amplitude and possible interactions with deposits of carbonized oil. Likely, the hot alignment of the 
machine-train was improper. This may have caused lube oil to leak into the area, close to bearing #2, 
between oil rings and the seal vacuum chamber. 
 

 
Figure 15: Bode plot of the 1X vibrations of the shaft measured at bearings #1, #2 and #3, in the X 

direction, during a machine runup performed after the maintenance 
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Under this assumption, high-temperature-steam and oil-vapor mixed together in the vacuum chamber. 
Besides, the flow of this mixture through the turbine may have came in contact with hot spots. Therefore, 
the consequent thermal loading suffered by the oil caused the buildup of hard carbonized coke-like deposits 
that occasionally blocked the clearance between shaft and oil deflectors [11, 18-19]. 
At the end of a maintenance outage, during which the deposits of carbonized oil were removed and the oil 
deflectors substituted, the power unit was restarted without doing any rotor balancing or modifying the 
machine alignment. Figure 15 shows the Bode plot of the 1X vibrations measured at bearings #1, #2 and #3, 
in the X direction, during the machine runup. When the rotational speed crossed the range from 1200 rpm 
to 1800 rpm the amplitude of the 1X vibration of the steam turbines reached a maximum level of only 
75 µm pp. This amplitude is significantly lower than that measured before removing the deposit of 
carbonized oil because of the absence of a rub-induced thermal bow of the shaft, caused by temporary 
obstructions of the oil deflector radial clearance. The amplitude of the turbine vibration was sufficiently low 
also at the operating speed, in accordance with the low value of the residual imbalance of the shaft. A long-
term monitoring of the unit dynamic behavior showed that rotor-to-seal contacts no longer occurred. 

3 Model-based analysis 

Spiral vibrations in rotating machines can be studied and simulated by means of well-known methods based 
on mathematical models of the rotor system [1-8]. A finite element model of the shaft-train is integrated 
with further mechanical parameters that allow the effects caused by the dynamic stiffness of the journal 
bearings and those caused by the machine supporting structure to be taken into account. Moreover, these 
investigation methods allow one to simulate both heavy and light contacts between rotating and stationary 
parts, as well as to estimate the heat introduced into the shaft by the friction forces generated by the rubbing 
phenomena. These methods need to integrate, in the time domain, partial differential equations based on the 
Fourier’s law. As a result of the local heating of the rotor, a thermal bow is generated in the area close to 
the hot-spot [1-8]. This phenomenon causes changes in both shaft imbalance and machine response. 
In particular, the phase lag between excitation and shaft vibration can be subjected to a continuous change. 
Therefore, the solution of the differential equations contained in the thermal model must be combined with 
the integration of the equations of motion of the rotor system. This study often needs a high computational 
time. Moreover, it needs a preliminary fine tuning of the model of rotating and stationary parts. 
In addition to this, the results obtained with these methods can be significantly influenced by some 
parameters of the thermal model whose values are often rather uncertain. A further critical aspect of the 
simulation of rubbing phenomena is that the growth of the shaft thermal bow is considerably slower than 
the period of a complete revolution of the shaft. This problem is often solved assigning equivalent values to 
the most important parameters of the thermal model of the system in order to obtain a growth of the shaft 
bow, similar to the real one, in a much shorter time period. Therefore, an accurate reliable estimate of the 
amount of the thermally-induced bow of the rotor may be difficult to obtain. However, these methods can 
provide an interesting qualitative simulation of the main physical phenomena caused by rotor-to-stator rubs, 
like the buildup of the shaft thermal bow, the consequent increase of the additional imbalance and the phase 
lagging of the 1X vibration vectors caused by the continuous changes of the rubbing spot. 
In the case studies considered in this paper many parameters that needed to be taken into account in the 
thermal model of the rotor system were unknown. Unfortunately, it was impossible to obtain reliable results 
from investigations based on rigorous methods that need to use an accurate model of the rub-induced thermal 
phenomena, like that described in [4], as the geometrical and mechanical characteristics of the obstacle, 
represented by the deposits of carbonized oil, were unknown. Therefore, it was preferred to apply an 
alternative technique in which the shaft bow caused by the rotor-to-stator contacts is roughly modeled by 
means of a pair of opposite coplanar bending moments, which rotate with the rotor, whose magnitude and 
phase depend on the rub evolution over time [14, 15]. As said above, the dynamic behaviour of rotating 
machines can be studied with methods in which the shaft-train is represented by finite element models 
(FEM). In general, beam finite elements are used to model short portions of the shaft, having a circular 
cross-section, which are characterized by a constant diameter. The mechanical characteristics of the journal 
bearings that support the shafts can be modelled by means of dynamic stiffness coefficients that can depend 
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on the machine rotational speed. In the end, the dynamic effects caused by pedestals and foundation structure 
can be simulated with different techniques [14, 16, 17], here not described in detail for the sake of brevity. 
Figure 16 shows the finite element model (FEM) of the shafts of generator and steam turbines. The equation 
of motion of the rotor-system can be written in the following matrix form: 

 [ ] [ ] ( )( ) [ ]+ + + = (t)Ω  M x C G x K x F   (1) 

where M , C  and K  are the mass, damping and stiffness matrices, respectively, of the fully assembled 
system, while G  is the gyroscopic matrix of the shaft-train. The vector x  contains the displacements and 
rotations of shafts and foundation. Besides, the vector F  contains the system excitations, that is, forces and 
moments that can be applied to the degrees of freedom of the model. 
The most important faults in rotating machines can be simulated by means of suitable sets of equivalent 
excitations represented by harmonic orders of forces and moments whose magnitude, phase and axial 
position along the rotor-train can be identified by minimizing the error between experimental vibration data 
and the corresponding numerical results provided by the machine model [14, 15]. In the present case study 
the axial position of the equivalent excitations was known, as the cross-section where the rotor-to-stator 
rubs occurred, and the consequent shaft thermal bow was generated, had been identified with a visual 
inspection. By assuming that the nonlinearities of the system are negligible, the following equation can be 
written for each harmonic component, of order n, of the machine excitations: 

 ( ) ( ) ( )2 t t+ + + =i n in
n nn i n e n eΩ Ω − Ω Ω Ω Ω M C G K X F  (2) 

where Ω is the shaft angular velocity, while the terms contained in vector nF  are the equivalent harmonic 
excitations used to model the fault that must be identified. The harmonic content of the excitations, as well 
as the number of not-null terms of vector nF , depends on the type of the fault. The quantity contained in the 
square brackets of eq.(2) is the mechanical impedance matrix of the system. Eq.(2) can be solved to evaluate 
the harmonic component of order n of the machine vibration. This can be obtained as follows: 

 ( ) ( ) ( )
12= + + +n nn i n n

−
 − Ω Ω Ω Ω X M C G K F  (3) 

Let us denote nH  the transfer matrix obtained as the inverse of the mechanical impedance matrix. That is: 

 ( ) ( )
12= + + +n n i n

−
 − Ω Ω Ω H M C G K  (4) 

Therefore, we can rewrite eq.(3) as: 

 ( )=n n n nΩX H F  (5) 

The absolute vibrations of the shafts are commonly measured at a limited number of cross-sections that are 
often rather close to the machine supports. Therefore, the theoretical lateral displacements associated with 
the degrees of freedom along which the radial vibrations of shafts and supports are measured can be inserted 
into a vector mX . In the present case study the machine dynamic behaviour must be investigated only at 
the rated speed. Therefore, eq.(5) must be solved for a unique value of the angular speed Ω. The rows of the 
matrices contained in eq.(5) can be rearranged, partitioning the transfer matrix nH , in order to split the 

vector mX  from the vector rX , the terms of which are the displacements evaluated at the remaining degrees 
of freedom of the rotor-system model. Therefore, eq.(5) can be rewritten in the following form, in which 
any dependence on both Ω and order n has been omitted for the sake of brevity: 

 
=
=

m m n

r r n

X H F
X H F

 (6) 
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The experimental lateral vibrations that correspond to the terms of vector mX  can be inserted into a vector 

expX . This way, it is possible to evaluate the error, δ , between theoretical vibrations and experimental data: 

 = =m exp m n exp− −X X H F Xδ  (7) 

The corresponding squared error, ε, can be defined as: 

 
*T

= m exp m expε    − −   X X X X  (8) 

Then, magnitude and phase of the equivalent excitations nF  can be estimated by means of least squares 
error methods. A preliminary tuning of this model, including the dynamic stiffness coefficients of the oil-
film journal bearings, has been carried out comparing the eigenvalues of the model to the corresponding 
experimental findings obtained by the analysis of vibration monitoring data collected during machine runups 
and coastdowns. Afterwards, a pair of opposite coplanar bending moments, M1 and M2, have been applied 
to the nodes of the FEM mesh of the shaft located at the opposite sides of the journal bearing #2 (Figure 16), 
mounted on the IP-LP steam turbine. These two cross-sections are close to the axial position of the oil 
deflectors where the rotor-to-seal rubs occurred in the operating condition. Since these bending moments 
rotate with the shaft and the model of the rotor system is linear, only synchronous vibrations are generated 
by these excitations. In this investigation, the two bending moments, M1 and M2, are the only not null terms 
of vector nF . 

The identification of magnitude and phase of these bending moments has been carried out at six time instants 
spaced over the period, thirteen minutes long, during which the rubbing phenomena that are the subject of 
this investigation occurred (Case B). Only the compensated 1X vibrations of shafts have been considered in 
this investigation, in order to simulate the response only caused by the rub-induced thermal bow. 
In order to facilitate the comparison between the numerical response of the rotor system and the 
corresponding experimental data, at each cross-section of interest of the shaft-train, the main parameters 
that allow the 1X journal orbit to be defined, have been evaluated. These parameters are the major and minor 
principal axes of the 1X elliptical orbit, along with the angle formed by the horizontal axis and the 
aforementioned major axis of the orbit. With reference to the major and minor axes of the 1X orbits 
evaluated at bearings #1 and #2, Figure 17 shows a comparison between the numerical results provided by 
the mathematical model and the corresponding experimental findings. The accordance between numerical 
results and experimental data is really satisfactory over the whole period during which the rubbing 
phenomena occurred. 
 

 

 

Figure 16: Finite element model of the shafts of 
generator and steam turbines along with the axial 

position of the bending moments M1 and M2 

Figure 17: Major and minor principal axes of the 
1X orbits: comparison between experimental data 

and numerical results 

All the estimates of the major and minor axes of the 1X orbits evaluated, at the bearings #1, #2 and #3 of 
the steam turbine, by processing the numerical results provided by the model have inserted into a vector 
denoted thZ . Conversely, the values of the principal axes of the same orbits, evaluated by processing the 
experimental 1X vibrations measured during the rubbing phenomena, have inserted into a vector denoted 
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expZ . The accuracy of the results provided by the model has been estimated by means of the Coherence 
Factor, CF, given by: 

 

2T

T TCF =
*
exp th

* *
exp exp th th

Z Z
Z Z Z Z  (9) 

The value of this factor is 0.9862. The accuracy of the estimate of the evolution over time of the 1X bending 
moments that simulate the changes in the rub-induced thermal bow of the shaft can be assumed satisfactory 
as the value of the Coherence Factor is rather close to the ideal unity value. Besides, the comparison between 
the experimental and theoretical values of the inclination angle of the major axis of the 1X elliptical orbits 
evaluated at bearings #1 and #2 is shown in Figure 18. Also in this case, the accordance between 
experimental data and numerical results is fairly good, especially with reference to the bearing #2. 
In the end, Figure 19 shows the evolution over time of the magnitude and phase of the identified bending 
moments that have been used to simulate the rub-induced thermal bow of the turbine shaft. It is possible to 
note that the phase of these bending moments deceases continuously. That is, it rotates in the opposite versus 
of the shaft rotation, slowly. This phenomenon is in accordance with the phase lagging caused by the 
continuous changes of the rubbing spot position. In this case study, the magnitude of the equivalent bending 
moments and then that of the shaft thermal bow seems to reach an asymptotic value. 
 

 

 
Figure 18: Inclination angle of the major axis of 

the 1X elliptical orbits at bearings #1 and #2: 
comparison between experimental data and 

numerical results 

Figure 19: Evolution over time of the identified 
bending moments that simulate the rub-induced 

thermal bow of the shaft 

4 Conclusions 

Light rubs between shaft and stationary parts is one of the most common faults in rotating machines. 
However, rubs are always the secondary effect of primary faults like: high imbalances, machine 
misalignments, thermal expansions, inaccurate adjustments of the radial clearance of seals. The friction 
forces generated by the rubs usually cause a shaft thermal bow and additional synchronous vibrations. 
Sometimes, unstable lasting spiral vibrations are generated. However, it is also possible that deposits of 
carbonized oil form in the area close to oil-film journal bearings, especially in steam turbines. These deposits 
may cause the obstruction of the available radial clearance between shaft and oil deflectors. In this case, 
light rubs can be generated even starting from rather low vibration amplitudes of the shaft. 
As a consequence of the continuous increase of vibration levels and rub-induced contact forces the blocking 
material can be quickly abraded. This causes the end of the input, into the shaft, of the heat generated by the 
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friction, as well as a continuous decrease of the shaft thermal bow and vibration amplitudes. Therefore, 
intermittent onsets of high vibration levels may occur in the operating condition. Owing to these uncommon 
ambiguous symptoms, standard root-cause-analysis techniques may involve the identification of false faults. 
A case history in which deposits of carbonized oil have caused recurrent temporary peaks of the 1X vibration 
levels of a steam turbine has been shown in this paper. The analysis of the compensated 1X vectors has 
allowed the additional vibrations caused by the rub-induced thermal bow of the shaft to be estimated. Owing 
to this, some typical symptoms of rotor-to-seal rubs, like those of spiral vibrations, have been better 
highlighted. 
Complex rigorous methods can be applied to simulate the shaft vibration caused by rubbing phenomena. 
However, as some parameters of the system thermal model were unknown, it has been preferred to simulate 
the experimental behaviour of the steam turbine by means of an approximated approach in which the rub-
induced thermal bow has been modeled with a pair of coplanar opposite bending moments applied to suitable 
cross-sections of the shaft. The evolution over time of magnitude and phase of these 1X bending moments 
has been studied, in the frequency domain, with methods based on parameter identification. The satisfactory 
accordance between numerical results and experimental data has confirmed the effectiveness of this 
investigation method, which can be used for diagnostic purposes successfully. 
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