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Abstract 
The project described in this paper aims to validate a full model multibody approach for the sound 

calculation of vehicle gearboxes. A complex gearbox housing with a customized two-stage gear train 

inside is used as  test object. It is equipped with special devices for the direct and indirect measurement of 

the operational bearing forces. This setup mounted on a test rig in a reverberation chamber delivers all the 

data necessary in order to validate the state of the art approach for the sound calculation of vehicle 

gearboxes. Within that approach the gearbox is completely modelled in a multibody simulation software. 

The housing typically is included as a reduced flexible body. Using the results of several modal analyses 

the modelling techniques for the bolted joint connections are evaluated. Gears and bearings are modelled 

in a simplified yet accurate way with stiffness maps. The implementation of this new simulation and 

measurement techniques requires thorough preliminary investigations. 

1 Introduction 

Although it is often claimed that in the medium term transmissions will disappear from vehicles assuming 

that electrical engines do not require them, current developments imply a different tendency. As some 

experts suggest the market for low cost vehicles will continue growing especially in third world countries 

and it is highly unlikely that they will be realized as electrical cars [1]. Consequently there is no doubt that 

transmissions cannot be removed completely from new designs. In [2] it is stated that even electrical cars 

might rely on transmissions in order to meet basic customer requirements such as efficiency or range and 

maximum speed. Furthermore, hybrid cars that are considered a medium term solution are equipped with 

silent engines that still need transmissions. Taking this into account the need for acoustically optimized 

vehicle transmissions appears even higher. Modern combustion engines were continuously improved so 

that the engine sound often cannot “mask” other sounds anymore. As a further result of the engine 

optimization the sound pressure level in the passenger cell of vehicles dropped from around 75 dB (A) in 

the year 1980 to values around 60 dB (A) in 2010 [3]. Nevertheless, the increasing traffic volume leads to 

a stagnation of the overall sound pollution. In addition, psychoacoustic effects have to be considered. For 

instance, the perceived loudness stays equal for a single tone compared to the same tone with added 

harmonics [3]. Consequently tonal sounds are evaluated as much more disturbing than sounds that contain 

a broader range of frequency components. Especially in transmissions there are only few characteristic 

excitation frequencies such as the meshing and bearing frequencies and their harmonics. Besides, the 

housing eigenfrequencies tend to be low damped which leads to sharp resonances. All these aspects 
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account for the tonal character of the sound radiated by the gearbox and eventually justify the effort to 

resolve the target conflict between costs, lightweight demands and NVH comfort. However, the use of 

gears is additionally widespread in mechanical industry where safety requirements demand a limit of noise 

exposure. As every radiating source contributes to the overall sound pressure level it is crucial for noise 

minimization to reduce the noise of the main source and of every other radiating object if possible. 

Without doubt, acoustically optimized transmissions lower the noise emission in the public and industrial 

environment. This optimization has to take place in an early stage of the product development in order to 

avoid expensive changes later on. Reviewing the literature reveals the large effort already invested into the 

elaboration of reliable and validated simulation methods for the sound calculation of gearboxes. In the 

earlier publications one can observe a division into three systems according to their different roles in the 

noise generation:  

1. The inner parts such as shafts, gears and bearings 

2. The gearbox housing 

3. The radiating housing surface and the surrounding fluid 

The first system is mainly responsible for the excitation of the structure vibrations of the second system. 

Those vibrations, in turn, cause the propagation of sound waves through the surrounding fluid which is 

described by the third system. Usually the first system was examined separately from the housing and the 

fluid. The largest noise reduction can be achieved by optimizing the gears as thereby the excitation 

decreases. Regarding the excitation behavior of the shafts, bearings and gears various publications are 

present, e.g. [4], [5], [6]. Here the systems are mostly modelled with systems of linear differential 

equations. As demonstrated in [7] it is also possible to use nonlinear multibody systems (MBS) although 

the computation time increases drastically. On the other side, many research projects focused on the sound 

radiation of housings exist. In [8] and [9] the authors describe the validation of the sound calculation of 

complex ribbed housing structures. In this case the Finite Element Method (FEM) is used for the 

calculation of the structural vibrations whereas the sound radiation is calculated with the Boundary 

Element Method (BEM). Those investigations lead to design guidelines that enable the design engineer to 

consider acoustic requirements early in the design phase. However, normally gearbox housings consist of 

several parts that interact with each other. This circumstance required further investigations regarding the 

modelling of joints for the sound radiation simulation. In [10] and [11] validated solutions are presented 

and likewise result in modelling guidelines. Furthermore, it is clearly demonstrated that the inclusion of 

bearings and shafts into the FE Model does not lead to meaningful results. The main reason is the 

nonlinear behavior of the bearings that change their stiffness with the rotation angle and the applied load 

and therefore cannot be linearized properly. This underlines the necessity for nonlinear MB models in the 

acoustic calculation chain. As shown in [7] and [12] the exciting bearing forces can be calculated with a 

MB model containing the gears, bearings and shafts. As the model uses contact definitions for the bearing 

and gear models, the calculation times are very high with up to ten days [7].  The bearing forces are  

transferred into the frequency domain and thereby represent the input for a frequency response analysis of 

the gearbox housing. The results are the surface velocities that are the boundary condition for the acoustic 

model for the calculation of the sound radiated by the housing. In order to validate this approach, a 

gearbox test rig which is operated in a reverberation chamber was used by Falkenberger. The gearbox has 

a special bearing force measurement device which directly measures the excitation forces at one bearing 

via piezo-electric sensors. The evaluation of the bearing force measurements, sound power and the 

simulation results from [7] indicates the need for further extensions: 

1. Consideration of the interaction between the inner parts and the gearbox housing in the 

simulation. 

2. A simplified modelling of the bearings and gears is required due to the long calculation times.  

3. The obtainment of proper damping values for the assembled gearbox. 

4. The measurement of all bearing forces. 

The following chapters expound in which manners the named aspects shall be considered in the simulation 

and measurement of the sound radiation of a customized two-staged transmission with a series-production 

2534 PROCEEDINGS OF ISMA2018 AND USD2018



housing. The main goal of the project is to provide a validated calculation procedure that enables a quicker 

generation of reliable simulation results for the sound radiation of gearboxes. 

2 Workflow for the validation of the sound calculation 

In order to identify possible sources for deviations each step of the calculation has to be validated with 

measurements. Figure 1 illustrates the workflow of the planned calculations and the according 

experimental investigations. Concerning the dynamic behavior of the gearbox the applied strategy is 

bottom-up like, meaning that the single parts are investigated separately before the assembly. 

 

Figure 1: Validation of the gearbox sound calculation with a full model multibody approach 

The validated parts of the gearbox are assembled in one multibody structural model. This enables the 

consideration of a shaft-housing interaction. Due to their dimension the FE models of the shafts and the 
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housing have to be imported as condensed models into the multibody model. As the investigations 

conducted in [7] imply, the usage of contact models leads to unpractical long computation times. 

Therefore the bearings and gears are modelled with user defined force elements. The stiffness values for 

these elements have to be obtained by pre-calculations or measurements. Usually the manufacturer, e.g. 

Schaeffler AG, provides the bearing stiffness maps [13]. If the stiffness map has to be obtained manually, 

one can either use the formulations provided in [14] or nonlinear FE-models. Although time consuming 

those pre-calculations have to be conducted only once. For the gears usually no stiffness maps exist. If the 

gear wheel body deformations are negligible then usually the analytical approach from [15] is used. More 

accurate, but also much more time consuming is the calculation of the stiffness values with nonlinear FE-

models. In [16] e.g. the researchers conduct analyses for 50 angular positions of the gear pairs.  

The two experimental options for the investigation of the dynamic behavior of the assembled gearbox are 

run-ups and constant operating points. With run-ups critical operating points can be identified as well as 

the eigenfrequencies, -shapes and damping values of the assembled gearbox. For this the order based 

modal analysis (OBMA) is used as it was developed for rotating machineries [17] and avoids the necessity 

of an artificial excitation.  In addition, an operational transfer path analysis (OTPA) can be conducted 

given that the exciting bearing forces can be measured [18]. It is aimed to derive the contributions of the 

bearing forces to the surface velocities over the excited frequency range. Simulations and measurements 

will be conducted at several operating points. Comparing the measured and calculated bearing forces 

reveals whether the excitation was calculated correctly. With the comparison of the surface velocities, the 

impact of possible deviations on the sound radiation can be detected. Furthermore the calculated 

velocities, transferred into the frequency domain, are the input for the acoustic analysis. For the validation 

of this last step the radiated sound power can be used as it is a quantity that is comparatively simple to 

obtain. The only limitation from the experimental side is that the measurements have to be carried out in a 

reverberation chamber with a diffuse sound field. 

Although the proposed modelling of the gearbox was already applied in a similar way (e.g. [19], [20]), 

new insights can be expected regarding the interaction of the housing with the bearings and shafts. Besides 

this, the results of the sound radiation calculation will be evaluated at each step from the excitation to the 

radiation using a unique test setup. 

3 Test rig for the validation of the sound calculation 

Two test rig designs were elaborated, one for the bearing force measurement device with a mounted 

bearing and another for the actual gearbox assembly. 

3.1 Bearing test rig and bearing force measurement devices 

Due to space limitations usually occurring in transmissions, sensors for the measurement of operational 

bearing forces have to be compact, but also robust as they are used in an harsh and oily environment. In 

this project two kinds of force sensors will be used. The first sensor works with four triaxial piezoelectric 

force sensors that are mounted between two parts with a respective pre-load of 10 kN [7]. One part 

contains the bearing whereas the other part is pressed into the original bearing seat. The sensors in 

between measure the transmitted force within a range of ± 2 kN radially, resp. ± 1kN axially. The second 

type of sensor uses strain gauges that are mounted on radial bars that connect two coaxial rings and detect 

transmitted forces in three directions. The bearing sits in the inner ring and the outer ring is pressed into 

the original bearing seat in the housing. As this kind of sensor is not available on the market it had to be 

purchased as a single-item production from the HBM GmbH. The sensor has to be properly calibrated 

because of the crosstalk between the channels. This results in a compensation matrix that has to be 

multiplied with the raw signals �⃑⃑�  in order to obtain the corrected force in kN, see (1). The range of ± 2 kN 

in each direction is similar to the piezo sensor device. Figure 2 provides illustrations of the two bearing 

force measurement devices. 
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 𝐹 = 𝐾�⃑⃑� = [
𝐹𝑋

𝐹𝑌

𝐹𝑍

]  𝑤𝑖𝑡ℎ 𝐾 = [
1.3303 0.0095 −0.0109

−0.0054 1.3087 −0.0079
0.0056 0.0374 1.6275

] 𝑖𝑛 
𝑘𝑁∙𝑉

𝑚𝑉
  (1) 

The advantage of the strain gauge system is the low space requirement and weight. However, the piezo 

sensors are more sensitive and can detect smaller forces more accurately. 

  

Figure 2: Bearing force measurement devices: with piezoelectric senors (left) and strain gauges (right) 

Tests for the sensor with the piezoelectric force measurement are already documented in [12]. For this 

reason only the new strain gauge sensor is tested. The test rig created for this purpose consists of a simple 

shaft with two bearings of which one is mounted in the sensor. Furthermore dynamic forces can be 

introduced by mounting an unbalance mass or a shaker to an additional slider bearing. Figure 3 illustrates 

the set up. 

 

Figure 3 : Test rig for the bearing force measurement device with strain gauges 

As the sensor came with a calibration certificate for static loads, only dynamic loads will be considered in 

the testing. The shaker is mounted with a piezoelectric uniaxial force sensor for the measurement of the 

excitation force. For all force measurement devices the bearing B71907-E-T-P4S-DUM is used. It consists 

of two single row angular ball bearings mounted in an O arrangement with an axial preload. Thus, there is 

no clearance which is important for the modelling. FRF Measurements with a small modal hammer (max. 
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420 N) from the shaft to the y-component of the strain gauge sensor and to the accelerometer on the 

bracket reveal the suitability for dynamic measurements. Up to 3000 Hz the quality of the FRF of the 

strain gauge is comparable to that of the accelerometer. For higher frequencies the noise of the amplifier is 

too high with an equivalent of ± 2 N. However, in the gearbox setup the excitation forces are expected to 

be much higher. If FRF have to be recorded for a wider frequency range, either a shaker or a larger modal 

hammer has to be used. 

3.2 Gearbox test rig 

The actual investigations are conducted with a gearbox test rig that is placed in a reverberation chamber 

that complies with the requirements from [21]. Those are e.g. the reverberation time which characterizes 

the degree of the diffusivity of the sound field. In such fields, the radiated sound power is proportional to 

the sound pressure and therefore can be measured directly with microphones. Usually in manually shifted 

gearboxes only two stages are transmitting torque simultaneously so that the original shafts, gears and 

bearings will be replaced by a two-staged gear train. The housing comes from the series-production 

gearbox ZF S 6-53 and has already been used in previous investigations [7], [12]. It is mounted on a steel 

bracket that simulates the mass of the combustion engine the gearbox normally is attached to. The 

supporting hollow rods are designed to isolate oscillations of the machine bed above 250 Hz from the 

gearbox. For the measurement of the bearing forces both measurement devices (see Figure 2) are used, the 

strain gauge sensor twice. At the smallest bearing there is no space for any direct force measurement. As 

stated in [18], different types of load quantities can be used at the same time in the OTPA. Hence, two 

accelerometers are placed orthogonally inside the gearbox near the smallest bearing. Figure 4 depicts this 

setup in a schematic and a more detailed illustration. Overall, this setup allows the measurement of all 

excitation forces transmitted through the bearing seats of the housing. Two identical asynchronous motors 

are used as engine at the pinion shaft and as generator at the outlet shaft. The operating points lie in a 

range of 800 to 3500 rpm and up to 120 Nm of maximum torque. By mounting the engine to the 

countershaft, furthermore effects of idler gears (stage 1) turning simultaneously to loaded gears (stage 2) 

on the gearbox acoustics can be investigated.  

 

 
 

Figure 4: Gearbox assembly with measurement devices 

Table 1 summarizes the basic data of the gear wheels of the two stages. The center distance between the 

wheels is 95 mm. All gear wheels have a normal module of 2.5 mm and a helix angle of 20 degrees. These 

values are chosen similarly to the original gears. The overall gear ratio is 1.768 (43/28 x 38/33). 

helical gear stage 1 helical gear stage 2 

pinion: number of teeth: 28, width: 22 mm, profile shift 

coefficient: - 0.0054 

pinion: number of teeth: 33, width: 22 mm, profile shift 

coefficient:  0 

gear wheel: number of teeth: 43, width: 20 mm, profile 

shift coefficient: 0.2314 

gear wheel: number of teeth: 38, width: 20 mm, profile 

shift coefficient: 0.2259 

Table 1: Gear wheels and bearings used in the gearbox assembly 
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4 Modelling of the drivetrain 

4.1 Bearing model 

The bearing model used is based on pre-calculated stiffness maps that consider axial and radial 

displacement as well as tilting around the radial axes. Therewith the dof of the bearing are fully coupled. 

The stiffness maps are used for the interpolation of the stiffness values of an user defined six dimensional 

force element depending on the relative displacements between the inner and outer ring. When using 

Schaeffler bearings the stiffness maps can be obtained directly from the manufacturer [13] (BEARINX-

MAP). However, an interface with the MB software has to be installed beforehand. According to [22] the 

quality of the results is comparable to contact based bearing models. The excitation through the rolling 

elements is considered as well. In addition, a significant reduction of calculation time can be achieved. 

First simulations with simplified bearing models performed approximately more than 10 times faster 

compared to models of similar complexity and step size. 

4.2 Modelling of the shafts 

The best modeling of the shafts depends on their geometrical complexity and influence on the dynamic 

behavior. Rigid shafts with a simpler geometry can be modelled with Timoshenko beams that consist of 

rigid cylinders whose central nodes are coupled with six-dimensional beam elements [7], [23]. The rigid 

cylinders represent the mass properties of the shaft whereas the massless beam element defines the 

stiffness. 

Unfortunately this approach requires many cylinders when the shaft has a more complex geometry (e.g. 

many radii etc.). Then the modelling effort is high and the result quality not necessarily satisfying. In this 

case a condensed model of the shaft can be used. For the condensation resp. model order reduction the 

Craig Bampton method can be used as described in chapter 5.3. Therewith a FE based model can be used 

in the MB model without the disadvantage of large dof numbers. 

4.3 Modelling of the gears 

In [7] a contact based modelling approach is used for the gears. There the gears are rigid bodies with tooth 

flank tessellation which is needed as discretization for the calculation of the contact normal force 

according to (2) [23]. The stiffness coefficient 𝑘 and the damping coefficient 𝑐 influence together with the 

corresponding exponents 𝑚1,𝑚2,𝑚3 the contact force that is generated through the penetration 𝛿 at the 

teeth flanks and its time derivative �̇�. 

 𝐹𝑛 = 𝑘 ∙ 𝛿𝑚1 + 𝑐 ∙ �̇� ∙ |�̇�|
𝑚2−1

∙ 𝛿𝑚3 (2) 

Although this modelling approach requires long computation times it is used for comparison purposes. A 

less time consuming approach is described in [24]. It relies on pre-calculated static transmission errors 

(𝑆𝑇𝐸) that are used as lookup tables for the dynamic transmission error (𝐷𝑇𝐸) in the actual MB model. 

Thereby changes to the position of the gears due to the dynamics of the assembly are accounted for. The 

lookup tables for the DTE are generated with nonlinear static FE analyses applying discrete torque values 

and displacements to the gears. The DTE is calculated at each time step using the central markers of the 

gears and has a radial and a translational part. Next, the resulting normal contact force vector between the 

gears at the contact point is obtained with the DTE and its time derivative, see equation (3) [24] 

(𝛼𝑛: 𝑛𝑜𝑟𝑚𝑎𝑙 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 𝑎𝑛𝑔𝑙𝑒, 𝛽: ℎ𝑒𝑙𝑖𝑥 𝑎𝑛𝑔𝑙𝑒). The meshing stiffness 𝑘 is determined with the actual 

DTE. It is used to interpolate a tangential force from the inverted lookup table. The ratio of the 

interpolated force to DTE equals the meshing stiffness. This approach will be implemented as a user 

subroutine in the MB software. Note that the STE based lookup tables can also be generated with 

analytical formulations (e.g. [15]) or other special software. The dimension of the lookup table depends on 
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the considered variables such as position on the mesh cycle, transmitted load, center distance variations, 

misalignment in the plain of action and shuttling [24]. 

 𝐹𝑛⃑⃑  ⃑ = (𝑘 ∙ 𝐷𝑇𝐸 + 𝑐 ∙
𝑑𝐷𝑇𝐸

𝑑𝑡
) ∙ {

tan𝛼𝑛
cos𝛽⁄

1
− tan𝛽

} = {

𝐹𝑟𝑎𝑑𝑖𝑎𝑙

𝐹𝑡𝑎𝑛𝑔𝑒𝑛𝑡𝑖𝑎𝑙

𝐹𝑎𝑥𝑖𝑎𝑙

} (3) 

5 Structural gearbox housing model 

As depicted in Figure 1 the condensed model of the gearbox housing usually is compared with the results 

of a modal analysis. When no experimental results are available, this is the only criterion left for 

evaluating the quality of the condensed model. However, in this case the modal analysis results are 

verified by measurements in order to exclude a source of error. The approach used is the bottom-up 

strategy that starts with the correlation of the experimental and calculated modal analysis of the single 

parts. In this case, the single parts of the housing show satisfying average MAC values of around 0.87 and 

0.92 over the first 40 modes. The next step is the assembly of the two housing parts.  

5.1 Empty housing without bracket 

The used housing consists of two bolted parts that are assembled with a screw torque 𝑀𝐴 of 23 Nm that 

results in an exerted screw force approximately 16.3 kN to 16.9 kN [25]. The friction values and the loss 

of pretension are the main sources for uncertainties. However, nonlinear static FE simulations showed 

only tiny differences between the contact areas when 15 kN, 16 kN or 17 kN pretension force were 

applied. In general two ways exist for the modeling of bolted joints for FE modal analysis. The first is 

described in [10] and [11] and is illustrated by Figure 5.  

 

Figure 5: Modelling of the bolted joints according to [11] 

The screws are modeled as beams that connect rigid elements in the area of the thread and the screw head. 

The mass of the screw is attached to a center node that is connected to the housing parts with RBE3 

elements that do not increase stiffness. In a diameter approximately three times the screw diameter around 

the hole, the elements of the two parts are assigned to fixed contact formulation (“Freeze Contact”). In 

order to correctly identify the best coupling diameter it was varied in steps of 5 mm from 20 mm to 55 

mm. In addition a variant with a fully coupled flange area is calculated. Alternatively, a similar approach 

can be used where the elements for the fixed contact are determined with a static nonlinear FE-analysis. 

This approach is described in more detail in [11] and [20]. Falkenberger used the same housing for his 

investigations. However, it was based on a 3D Scan model and therefore had much more DOF. The 

average MAC value with 95 % is very satisfying though [7]. Therefore it is used as a reference for the 

CAD based FE model that allows more mesh manipulations and therewith a reduction of DOF. The model 

illustrated in Figure 6 has 1.53 Mio. DOF. According to [26] an FE model should have at least 6 elements 

per wavelength (airborne sound). The aimed element size is 7 mm, although complex curvatures require 

lower sizes in certain areas. To verify the results of the static nonlinear contact analysis a pressure 
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measurement with a special foil that reacts on pressures above 10 MPa was conducted. Figure 7 illustrates 

the measured and calculated pressure distribution in the flange (red: above 10 MPa) and the extracted 

contact status elements (red: contact closed) that are used for the coupling. Without doubt the pressure 

distributions coincide very well.    

 

Figure 6: CAD based FE model 

   

Figure 7: Flange pressure distribution (left: measured, middle: calculated) and contact status (right) 

Next, the results of the modal analyses were correlated with experimentally obtained mode shapes. For the 

evaluation, the average of the first 40 diagonal MAC values is used as listed in Table 2. 

Variant D20 D25 D30 D35 D40 D45 D50 D55 Complete Contact Reference 

Ø MAC 80.9 82.0 82.8 82.8 82.4 81.6 81.0 80.5 68.4 81.1 94.7 

Table 2: Average diagonal MAC values of the empty gearbox housing models in % 

There is no doubt that simply coupling the whole flange leads to unsatisfying results whereas coupling the 

contact elements respectively the elements within a diameter around the holes generates good results. 

Geometry deviations between the CAD model and the scanned reference model explain the overall lower 

MAC values. This effect is also documented for many other casted structures (e.g. [8]) and therewith 

appears plausible. Especially for close eigenfrequencies some parts of the mode shapes appear to shift to 

neighbored modes. However, it is not clear in which way the MAC value represents the sound radiation 

properties of the model. Therefore the estimated radiated power is calculated with the normal component 

of the surface velocities 𝑣𝑘 (4) according to (5) [27]. For this estimation the radiation loss factor 𝜎 is set to 

1. The unit excitation forces �̂�𝑍 were applied in every translational direction to the center nodes of rigid 

elements in the bearing seats. Modal damping values 𝐷𝑖 were taken from the measurement. The calculated 

frequencies Ω were the eigenfrequencies and 20 frequencies in between. 

 𝑣𝑘𝑒
𝑗Ω𝑡 = 𝑗Ω∑

𝜓𝑘𝑖
∗ ∙∑ 𝜓𝑧𝑖

∗ ∙�̂�𝑧
𝑙
𝑧=1

𝜔𝑖
2−Ω2+𝑗2𝐷𝑖𝜔𝑖Ω

 𝑒𝑗Ω𝑡𝑛
𝑖=1  (4) 
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 𝑃𝐸𝑅𝑃 =
1

2
∙ 𝜎 ∙ 𝑐 ∙ 𝜌 ∙ ∑𝐴𝑖 ∙ 𝑣𝑖

2 (5) 

Figure 8 clearly shows that the variants show a similar behavior except for the completely coupled model. 

Especially the highest peak at 950 Hz differs significantly. The D30 variant appears to model the modes in 

the middle frequency area too softly as the ERP is comparatively high. In general the accordance to the 

reference model is acceptable since the evaluation of the sound power normally uses third-octave bands. 

 

Figure 8: ERP of the different housing models 

5.2 Empty housing with bracket 

As shown in Figure 4 the gearbox housing is mounted on a steel bracket. For this reason the model of the 

housing with the bracket had to be validated. Due to the weight of the steel bracket, ensuring free-free 

boundary conditions is difficult. Figure 9 shows the experimental modal analysis test setup with the 

bracket attached to a frame with rubber elements and the FE model for the calculated modal analysis. 

  

Figure 9: Modal analysis setup for the housing with bracket and FE model 

For the FE model a contact pre-calculation between the bracket and the clutch bell housing with a 

pretension of 12 kN per screw is applied. The resulting contact elements are the coupled in the modal 

analysis. Due to the nonlinearity of the rubber elements, some modes correlate with very low MAC 

values. Nevertheless the average of the first 24 diagonal MAC values lies at 83.6 % which is very 

satisfying given the average MAC value of the housing without bracket of 82.8 %. For higher modes the 

mode shapes seem to be “polluted” with those of the frame and therefore were not evaluated. 
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5.3 Model order reduction 

In conclusion, the described FE model of the housing with bracket can be used as a reference for the 

evaluation of condensed models, e.g. by correlating the mode shapes. The condensed model for a MB 

model can be generated in various ways of which the Craig Bampton based approach is commonly used. 

According to [23] the generation includes two steps: 

 Calculation of the normal and static modes with the Craig Bampton method [28] 

 Orthonormalization of the normal and static modes in a residual run 

In the first run the housing is regarded as a complete substructure. Each point where loads of the other 

parts of the assembled MB model can be transmitted into the housing has to be declared as an interface 

point. For the housing these are the central points of rigid elements with the bearing seat nodes as 

dependent nodes. Note that fixed boundary conditions with the ground should be set as such and not as 

interface nodes in order to keep the number of static modes low. Within the Craig Bampton reduction the 

static modes are calculated by applying unit deflections at the interface nodes. However, the normal 

modes that are also calculated are not orthogonal to the static modes which would lead to non-diagonal 

mass and stiffness matrices. Therefore a second modal solution (orthonormalization) is performed on the 

reduced system. The resulting final modes capture the global dynamics and local stiffness characteristics 

of the flexible MB model. The number of modes of the reduced system equals the number of the normal 

modes and the fixed interface static modes. In order to further reduce the number of static modes not every 

dof of the interface nodes has to be considered, especially when only small forces occur (e.g. axial 

direction for roller bearings). The influence on the number of considered normal modes is restricted as it 

depends on the frequency range. 

5.4 Sound radiation calculation 

For the sound calculation several methods have been investigated in [7], [8] and [11]. Comparing the 

different methods the so-called Automatically Matched Layer Method performed best regarding the ratio 

of accuracy to computation time [7]. This FE based method has the specialty that the solver automatically 

creates an absorbing layer around the fluid elements in order to prevent reflections. In [7] the input surface 

velocities for the sound calculation were computed with a frequency response analysis. For the further 

investigations those velocities will be calculated for constant operating points using the full MB model of 

the gearbox. As they are calculated in the time domain, a transfer into the frequency domain has to follow 

due to the much higher efficiency of the sound calculation. Within that process only the frequencies with 

the highest peaks can be considered. Usually this is not problematic due to the tonal characteristic of the 

gear excitation. Another method not yet applied to the currently used gearbox housing are the so-called 

Trefftz methods. One of these methods is the Wave Based Technique which is implemented in the 

software AVL EXCITE™ Acoustics [26]. First investigations with simpler structures generated promising 

results. The main advantage of this method is its very short calculation time. This is mainly achieved by 

employing approximate solutions that satisfy the governing Helmholtz equation, but not necessarily the 

boundary conditions [26].  

6 Preliminary investigations 

6.1 Simulation and measurement of the bearing force with the bearing test rig 

First tests with rotating shaft were conducted at 1000 rpm with a simultaneously applied shaker force. A 

sine wave generator created by Wegerer [29] generated a user defined excitation force at 350 Hz and the 

six first multiples which approximates a tooth meshing frequency of a gear wheel with 21 teeth. The test 

rig (Figure 3) was also modelled as a MB model using BEARINX MAP bearings and condensed models 

MULTI-BODY DYNAMICS AND CONTROL 2543



for the shaft and brackets. The measured excitation force of the shaker was also applied to the MB model. 

As depicted by Figure 10 the frequency peaks are calculated with the correct tendency although the peak 

values are higher in the simulation. This indicates too low damping values in the model as only default 

values were used. Only at 1750 Hz the MB model does not show any significant peak which may be due 

to a missing eigenfrequency of the test rig parts not modelled. Despite the high excitation at 2100 Hz both 

the measurement and the calculation show a small response at the bearing. 

 

Figure 10: Excitation of the bearing test rig and the measured and calculated bearing force 

6.2 Order based modal analysis and Operational transfer path analysis 

The gearbox assembly as it is illustrated in Figure 4 is not assembled yet. Consequently, only preliminary 

investigations with a single gear stage setup could be conducted. 

6.2.1 Order based modal analysis 

With only eight channels available, the tacho signal and the accelerations had to be recorded sequentially. 

The run-ups began at 1000 rpm and ended at 3500 rpm after 20 s. After each run-up the set of 

accelerometers was transitioned to the next group of surface nodes. Overall 81 run-ups were recorded. 

With that approximately half of the housing surface was covered, enough to get a proper impression of the 

extracted modes. The recorded data is then transferred into the frequency domain which typically is 

illustrated with waterfall diagrams. There the most significant orders can be identified for the order 

tracking process that extracts the frequency domain based acceleration signals along the chosen orders. 

More details regarding the order tracking techniques can be found in [17]. The Time Variant Discrete 

Fourier Transform is one of the commonly used methods and claimed to generate good results. In this case 

the number of teeth of the gear wheel mounted on the shaft for the tacho signal is 21 which determines the 

orders to track as illustrated in Figure 11. 

  

Figure 11: Colormap display of tracked orders and derived order 42 in stability diagram 
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Next, the tracked orders are used for the identification of the modal parameters with the polymax method. 

Figure 11 exemplarily illustrates the quality of the extracted order 42 that contains very stable poles. The 

calculated mode shapes are also plausible and reveal the influence of the shafts, bearings and gears on the 

modes of the housing. As expected some damping values are quite high. The damping of the majority of 

modes is higher by the factor of approximately 10 compared to the empty housing. 

In conclusion, these investigations clearly show that the OBMA is suitable for the identification of the 

modal parameters of gearboxes and can be seen as the last step of the bottom-up approach. Regarding the 

measurements with the new two staged gearbox the following aspects are of special interest: 

 Excitation behavior of the two stages and quality of the extracted orders 

 Derivation of realistic damping values 

 Identification of the acoustically most relevant mode shapes by simultaneous measurement of the 

sound power 

However, the test setup depicted in Figure 4 furthermore allows the application of the OTPA. In fact, the 

run-up measurements can be both used for the OBMA and the OTPA as long as the operational bearing 

forces are recorded. 

6.2.2 Operational transfer path analysis 

Wegerer conducted first preparatory investigations for the application of the OTPA [29]. More accurate, 

an extended version of the OTPA, the so called operational path analysis with exogenous inputs (OPAX) 

is used. The main goal of the OTPA or OPAX is to determine path contributions 𝑦𝑘𝑖 to the response at a 

target location 𝑘. If every path 𝑖 = 1…𝑛 is identified correctly, the sum of the contributions equals the 

measured target response 𝑦𝑘. However, in reality often only the main paths can be identified which causes 

deviations between those quantities. The partial contributions are calculated with the path loads 𝐹𝑖(𝜔) and 

the corresponding frequency response functions (FRF) 𝐻𝑘𝑖(𝜔). Neglecting the acoustic loads, this is 

described by equation (6). The left side is the measured response and the right side the synthesized 

response from the path loads and FRFs. 

 𝑦𝑘 = ∑ 𝑦𝑘𝑖(𝜔)𝑛
𝑖=1 = ∑ 𝐻𝑘𝑖(𝜔)𝑛

𝑖=1 ∙ 𝐹𝑖(𝜔) (6) 

The key extension compared to the OTPA consists in using parametric models for the calculation of 

operational loads using measured mount accelerations [30]. Those calculated loads can be used together 

with directly measured path loads, in this case the bearing forces. Therewith the number of unknown 

parameters is reduced, leading to results that are more reliable. Typically for all TPA techniques is the 

division into an active side (source) and a passive side (receiver) with a stiff or elastic connection between 

them. In the case of gearboxes the active side consists of gears and shafts that transmit an excitation force 

through bearings to the housing which is the passive side. Indicator points that are close to the input points 

can be added to the measurement e.g. when no measurements are possible on the active side. The five 

basic steps of the OPAX are [30]: 

 Operational measurements: Recording of path inputs, targets and indicator responses. This data 

can be collected with the run-ups for the OBMA. Consequently order tracking techniques are 

applied to extract the relevant orders. The more orders available the more reliable the results are, 

assumed that no weak orders with high noise levels are used. 

 FRF measurements: Measurement of FRFs between inputs and targets. If indicator points are 

considered, the FRFs from the inputs to the indicators are also required. 

 Identification of parametric load models: In principle, any load model can be used and its 

parameters can be calculated with the data from the first two steps. This is only necessary when 

the direct loads are not available. In this case three of the four excitation loads can be measured 

directly. As depicted in Figure 4, the bearing force at the small roller bearing is measured 

indirectly. One possibility is to derive the load via simulations where the input acceleration is 

applied to the model in order to calculate the bearing load. A pure experimental approach would 
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be mounting further accelerometers as indicators close to the input location and use them for a 

bandwise approximation of the housing stiffness in the area of the bearing. 

 Calculation of the model based operational loads with the measured path inputs. 

 Computation of path contributions: Multiplying the operational loads with the measured FRFs 

equals the path contributions, see equation (6). 

Investigations conducted by Wegerer with two shakers that were mounted to the gearbox with force 

sensors and excited with virtual multi-order run-ups show that the best results can be obtained with 

directly measured loads. However, the combined usage of direct loads and calculated loads with additional 

indicator points leads to similar results [29]. In general the deviations between the sum of contributions 

and the measured response were small using direct loads and indirect loads. 

7 Conclusions 

Stated briefly, the goal of the presented research project is to determine the contributions of the gear stages 

to the housing oscillations through measurements and calculations. This paper describes a new way for the 

validation of the state of the art sound calculation approach for gearboxes. It combines methods for the 

reduced modelling of gears, bearings, shafts and housings to one holistic approach. As the complex 

gearbox housing is the main radiating element, its model was validated applying a bottom-up strategy. On 

the system level the validation relies on the measurement of the bearing forces, the surface accelerations 

and the radiated sound power. For the measurement of the bearing forces a newly developed sensor with 

strain gauges is presented. First measurements demonstrate its capability to measure the dynamic bearing 

force up to several kHz. Consequently, it can be used in the OBMA and OPAX of the gearbox. 

Preliminary investigations demonstrate the suitability of those methods for experimental investigations of 

the sound generation in gearboxes.  
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