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Abstract
We propose a novel phase bound magnetic vibration absorber based on parallel combinations of magnetic
springs. The corresponding design methodology is based on magnetic spring toolchain consisting of FE
simulations of magnetic spring and 1D models together with system dynamics model. This approach is
applied to an industrially relevant vibration reduction problem of gear meshing, specifically for wind turbine
applications. In order to capture the relevant gearbox dynamic a semi-analytical Cai-Hayashi formulation
of the gear stiffness is used in combination with ISO 6336 norm for spur gear capacity. We compare the
modeling results to a state-of-the-art tuned mass damper approach, addressing the issues of tonalities in
wind turbines. As opposed to the frequency bound vibration absorbers, the novel magnetic spring vibration
absorber is order-selective, similarly to centrifugal pendulum absorbers, with the added value of a virtually
infinite lifetime, no de-tuning issues, and feasible high-order vibration absorbers

1 Introduction

With increasing energy demands and ever-improving measures against global warming, renewable energy
sources such as wind turbine generators are always in need of more robust and standardized performance.
When it comes to noise emission issues, gearboxes in wind turbines are a significant source of torsional
vibration [1] in the drivetrain that subsequently propagates to the supporting structure causing the unwanted
noise emissions or premature fatigue failure. Specifically, varying contact forces resulting from variable
mesh stiffness in gears propagates from gear to the housing due to the reaction forces in gears. The meshing
modes have been linked to tonal noise peaks previously in earlier research [2]. A strong testimony to the
importance of the tonal noise caused by the gearbox is the fact that the first two tonal peaks are the limit to
which the turbine drivetrains producers have to minimize to satisfy the government regulations [3], but also
the studies performed on perceived level of annoyance resulting from tonal noise sources as compared to
broadband noise. In order to alleviate the noise emission levels, there is a need for improved torque ripple
reduction methods for a wide operational range.

State-of-practice solutions for torque ripple reduction like single flywheels and dual-mass-flywheels deal
with torsional vibrations only for a specifically targeted frequency range and as such are not a robust solution
for a wind turbine for a full velocity-load range. Centrifugal pendulum dampers [4] are successful at noise
reduction for a broader bandwidth, however, their effective achievable order is limited by the geometries to
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low orders, while the gear meshing excitation is normally significantly higher. In the research community,
phase fixed compensation solutions based on cam-spring combinations have been studied, especially target-
ing torque ripple in internal combustion engines (ICE). However, these solutions result in overly complex
designs and are prone to lifetime issues and high friction [5]. In the field of hybrid automotive drivetrains, a
similar issue with torque ripple that can be somewhat compensated (as reported in [6]) actively by using the
vector controlled torque of an electrical motor. However, this method reduces the energy efficiency of the
drivetrain and results in a reduced operational range for the electrical motor. Additionally, for high orders
resulting from gear meshing torque bandwidth of the electrical motor allows only for limited compensation.

Bandwidth Max Order Lifetime Weight Complexity Efficiency
Flyhweel + ++ + - - ++ +

Linear TMD – ++ 0 0 0 0
Active control + + + 0 - -

Pendulum absorber ++ - 0 + - +
Magnetic absorber ++ + ++ + + +

Table 1: Overview of different vibration reduction approaches for torque ripple reduction

In the following pages we present a novel phase bound magnetic vibration absorber (PBMVA) based on
torsional magnetic springs as defined and studied in [7].

Magnetic spring is a magnetic device that exhibits stiffness characteristic of a non-linear spring; it has a
position-dependent passive force or torque characteristic (whether rotational or translational). Although
the functionality of the magnetic spring can be compared to that of a mechanical spring, the underlying
physical principles are different. Due to this difference magnetic springs do not succumb to fatigue failure,
even after a very long operational lifetime. Additionally, magnetic springs intrinsically possess of sinusoidal
characteristics and although the spring characteristic can be tuned in a similar, yet different periodical shapes,
sinusoidal torques have been proven to result in the most efficient designs[7].
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Figure 1: Magnetic spring based vibration absorber - fixed phase achieved by combining multiple magnetic
spring in parallel with rotors rigidly connected to the input shaft of a gearbox
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2 Capturing relevant gearbox dynamics

Geared mechanical systems are widely used in aeronautic, robotic and automotive industries to transfer
motion and power between a driver and a driven axes located in space. An accurate model description of the
reality, often known as digital twin, is required in model based design, control or analysis of gearboxes, for
instance to predict the failure of the system components due to fatigue. In the automotive industry, hybrid
and electric vehicles require special care for transmission design since noise from the internal combustion
engine, masking the gear noise, is no longer present.

The growing power of the electronic devices is helping the engineering community to perform heavy simu-
lations in reasonable smaller timeframe w.r.t the last decay. Although, for particular models where a lot of
DOFs are needed to correctly describe the dynamic of the analyzed system, the best tradeoff between fast and
accurate simulations is still a challenge to be solved. In first analysis, Lumped Parameter (LP) models are
often used in literature with few degrees of freedom [10] to cope with this issue because of their modularity.
It allows the user to plug-and-play different model complexity as well as they are good candidate for real
time simulation. In this work a LP model of a spur gear pair is considered where the main focus is to qualita-
tively capture its dynamic response under specific working conditions, see fig. 2. A common parameter used
to analyze the gear performances is the Transmission Error (TE) that is a measure of the deviation of the
actual gears configuration w.r.t. the ideal gears kinematics, for both static and dynamic conditions, defined
as follow:

TE = rB2 · θ2 − rB1 · θ1 (1)

Several authors [11, 12, 13, 14], analyzed the phenomena occurring while two gears engages in both static
and dynamic conditions. Assuming that the effects of the surrounding structures are negligible (i.e. bearings,
shafts, etc.), the transmission error is considered as one of the main causes of dynamic excitation as well as
the gear.

2.1 Semi-analytical model of variable non-linear meshing stiffness for single gear
pair

In the following work a one degree of freedom non-linear LP model of a gear pair is considered. The global
gear pair flexibility is lumped along the line of action accounting for both local and global teeth compliance
whereas the gear body flexibility is considered negligible. The considered gears have the same geometry
and their specifications have been chosen according to the model proposed by R. G. Parker work [15]. The
gear inertias J1 and J2, and base circle radius rb1, and rb2, as shown in fig. 2. The gear specifications are
summarized in tab.2. The variable static and dynamic TE are induced by the non-linear contact stiffness
along the line of action due to three main reasons:

1. Variable teeth stiffness throughout contact

2. Variable local stiffness of the contacting tooth pair within the meshing cycle

3. Variable number of teeth in contact within the meshing cycle

The gear contact stiffness is modeled as a combination of the semi-empirical Cai-Hayashi formulation [9]
and the ISO 6336-1:2006 [8]. The first allows to define the normalized gear contact stiffness in (eq. 2 and
3) depending on the gear contact ratio while the second computes the integral average stiffness (eq. 4). It is
important to note that no torque dependency of the variable contact stiffness and gear geometry modifications
have been taken into account.

For spur gear pair Cai and Cai-Hayashi introduced a semi-empirical description of the normalized gear
contact stiffness accounting for variable meshing teeth. In particular eq. 2 describes the normalized stiffness
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Figure 2: Lumped parameter non-linear gear pair model

for one tooth in contact while eq. 3 for two teeth in contact since the number of teeth in contact generally
varies between one and two for spur gears.

Kn1 =

− 1.8 ·
(
θmod

θcont

)2

+ 1.8 · θmod

θcont
+ 0.55

0.85 · ε (2)

Kn2 = Kn1 +

− 1.8 ·
(
θmod + τ1

θcont

)2

+ 1.8 · θmod + τ1

θcont
+ 0.55

0.85 · ε (3)

Where ε is the contact ratio that is function of the gear geometries, with θmod, θcont and τ1 described in eq.
6-8 while the integral average stiffness is computed as follow:

Kave = cpth · CM · CR · CB · w · (0.75 · ε+ 0.25) = 451.47kN/m (4)

Here cpth, CM , CR and CB are coefficients computed according to the ISO 2008 and w is the the working
face width of the meshing gears.

Km =

{
Kave ·Kn2, θmod < (θcont − τpinion)
Kave ·Kn1, θmod ≥ (θcont − τpinion)

(5)

θmod = mod(θ1, τ1) (6)

θcont = ε · τ1 (7)

τ1 =
2 · π
Z1

(8)

The resulting variable contact stiffness is shown in fig. 3 confirming the quality of the semi-analytical
variable contact stiffness formulation w.r.t. the experimental curve reported in R. G. Parker work [15] despite
the mentioned limitations.
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Figure 3: Variable contact stiffness Km and average contact stiffness Kave of a single gear pair for the
reference mode

2.2 Wind turbine case - operational conditions and drivetrain topology

The speed ratio between the fast shaft and the slow shaft in wind generators predominantly used in large
wind farms is around 100, with rotor with the impeller nominally rotating at around 20RPM and generator
having its nominal speed at 2000RPM . To achieve such high transmission rations, usually, at least one
planetary stage is used alongside one or several helical stages, while a combination of multiple planetary
and helical gears is not uncommon. The dominant force excitations causing tonal noise in windturbines are
usually corresponding to the lower harmonics, usually 1st and 2nd harmonic, of the low speed stage[3].

Symbol Reference Model Wind Turbine Case Model Parameter
Z1 50 120 pinion teeth count
Z2 50 25 wheel teeth count
w1 = w2 20mm 20mm gear width
mn 3mm 8mm normal module
ρ 7700kg/m3 7700kg/m3 material density
J1 7.7 · 10−3kgm2 12.84kgm2 pinion inertia
J2 7.7 · 10−3kgm2 24.2 · 10−3kgm2 wheel inertia
α 20◦ 20◦ contact pressure angle
ζ 0.08 0.707 gear contact damping ratio
ε 1.75 1.74 contact ratio
Tload 15000Nm load reaction torque
nn 1000rpm nominal speed
Js1 85kgm2 pinion shaft inertia
Js2 1kgm2 wheel shaft inertia

Table 2: Gear model parameters

To properly analyze the dynamic behaviour of the wind turbine drivetrain it is neccesary to understand the
behaviour of the system in the following specific scenarios:

• start-up - velocity ramp up from stand-still to nominal speed where the variable contact stiffness dy-
namically excite the system

• nominal conditions - most prevalent mode, in which the wind turbine is generating electrical energy
(50%-100% nominal torque and 50%-100% nominal speed)
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Figure 4: Block model of a single gear pair with driven by the ideal velocity source on the input shaft and
with a constant ideal torque load on the output shaft

Of the above mentioned, the most criticial operational condition for NVH performance is by far the operation
in nominal conditions when the wind turbine is generating electrical energy. Therefore, our efforts will focus
on reducing the vibration due to the contact force variability in that specific range while making sure that
for other scenarios the system functionality is not compromised. A numerical model was made using a
commercial bond graph package Simscape (fig. 4). For a ramp-up 0-1250 RPM contact forces when speed
source is applied can be seen in fig. 5a

3 Phase bound torque ripple absorber based on torsional magnetic
springs

To reduce the torque ripple in drivetrains, a single magnetic spring with sinusoidal characteristic can be
connected in parallel with the input or output shaft of a gearbox, in order to subtract a specific torsional
order. Although, high-speed shaft is usually preferred due to lower order excitation and lower peak torques,
which make the design of the vibration absorber easier. The proposed PBMVA consists of multiple magnetic
springs with rotors rigidly coupled to the drivetrain shaft and stator rigidly connected to the housing of the
gearbox, as shown in fig. 1. This way multiple orders can be compensated with various amplitude and
phase alignment. Selecting the pole pair number of the magnetic spring n determines the frequency of
the spring torque relative to the shaft rotation, while the orientation of the spring stator defines the phase
φ of the superimposed sinusoidal torque (eq. 9) as schematically illustrated in fig 1. This formulation is
coincidentally equivalent to the Fourier series decomposition with the DC component A0 = 0 of a desired
torque characteristic.

TPBMV A =

Nmax∑

n=1

An · sin(n · θ + φn) (9)

Ideally, by infinite order Fourier decomposition, any periodic torque or force characteristic can be generated.
In reality, only finite orders are feasible with a required design efficiency of a magnetic spring within a
given space. Therefore, the feasible PBMVA characteristics are limited to lower order harmonic content i.e.
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Figure 5: Modelled gear contact force with an ideal speed source on input shaft for ramp-up of 0-1250 RPM

continuous torque profiles with a max order of Nmax finite order feasibility as a result of Gibbs phenomenon
of the Fourier decomposition. Maximum achievable order of a magnetic spring that can be realized in a
realistic design with limited space can be compared to the maximum magnetic gear reduction ratios found
in the literature. Rather than limiting the pole pair number to a fixed value, we can say that the maximum
efficient pole pair number is linked to the diameter of the magnetic array.

Nmax ∝ dag (10)

where dag is the diameter of the magnetic air gap of a magnetic spring under consideration.

In [16]., the authors present a magnetic gear with 22 pole pairs at the size diameter of 44mm. Therefore, we
assume that for application in MW powertrains, pole pairs numbers up to 100 or even higher are rather fea-
sible. Using the above mentioned Fourier decomposition approach, and the models of the vibration absorber
and the drivetrain, it is possible to investigate the optimal tuning of the magnetic spring that form the optimal
vibration absorber for a given gear design (fig. 6).

Based on the operational conditions of the system, a virtual experiment is defined where the system is op-
erating in quasi-steady-state while being driven by a motor with a PID speed controller, in order to find an
optimal design of a magnetic spring at nominal loads. The load distribution, in this case, is somewhat differ-
ent than the one considered in section 2. where a speed source is used on the input shaft. When searching
for an optimal tuning of PBMVA, it is neccesary to apply a torque source for both the reaction torque and
the input torque (generator torque). Such a model is closer to the operation of the physical system where
the oscillating energy of the nonlinear gear contact is distributed between the input and output shaft inertia.
Magnetic spring size and cost is proportional to the energy that can be stored within. More precisely, In
[7] a theoretical energy density was established based on physical insight into energy stored in permanent
magnets, which can be used as a simplistic 1D magnetic spring scaling model. The 1D model consists of the
above described stiffness characteristic and the inertia which can be calculated from the energy density (eq.
11) assuming a fixed aspect ratio of a magnetic spring and an equal distribution of magnet volume between
the rotor and the stator.

Jn =
ρNdFeB

2.93 · 3
√
kAR
·
(

2 ·An

n · Emax

)4/3

(11)

Here, Emax = 403.8kJ/m3 is the maximum realistic energy density of the magnetic spring [7], kAR is the
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Figure 6: Design approach for multiple order PBMVA

ratio of the axial length and the air gap radius of the magnetic spring and ρNdFeB = 7550kg/m3 is the
density of NdFeB magnets.

Within the first optimization loop, a simplex solver is used to iteratively find the set of magnetic springs that
minimizes the vibration. Using simplex solver (e.g. NOMAD) does not require the cost function gradients
although it is computationally more expensive. Therefore, a hot start of the optimization using a good
initial guess, based on Fourier decomposition of the input torque of the original system, limits the number
of model evaluations necessary for convergence of the optimization algorithm. The decision variables are
the number of the springs used in parallel, together with the amplitude and the phase of the each magnetic
spring. The cost function is defined as a peak-to-peak force oscillation level at a given virtual experiment.
Once the optimal design of the absorber is found within the system design optimization loop, the required
order i.e. pole pair number, frequency, and phase can be used as input to the component loop optimization.
The optimal PBMVA parameters can be used as an input for component design optimization loop [7], where
detailed magnetic spring geometry, material selection and the exact topology can be optimized resulting in
a realistic magnetic spring component set that forms the PBMVA. The component optimization loop also
yields the exact stiffness and inertia matrices of the PBMVA.

As a last step in the virtual design exercise, the PBMVA resulting from component optimization can be
plugged back into the dynamic model for a virtual validation of the design (fig. 8).

4 Optimization results and the impact on gear dynamics

The goal of the system level optimization is to find a PBMVA that will reduce vibration level for the single
operational point at nominal conditions. Through use of PBMVA the speed variation on input shaft can
be amplified while the transmitted torque oscillation can be minimized, also reducing the reactive forces in
gearbox bearings which have been identified as a major excitation of tonalities in wind turbine drivetrain.
The impacts of optimal different orders PBMVA on vibration level at the nominal conditions, for different
orders, can be compared in tab. 3. It is visible that the first gear meshing order contribution is dominant
and that, if focusing on a single order abosrber, the biggest reduction (60%) can be achieved here at nominal
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Figure 7: Model with added motor-generator with a feedback speed controller and a PBMVA on the fast
shaft

conditions. However, an additional 5-15% vibration reduction is feasible through surpression of the higher
orders.

No. of parallel springs 1 2 3
Ripple reduction (%) 60.76 5.12 9.54 64.09 9.55 62.14 64.36

n - absorber order 25 50 75 25,50 50,75 25,75 25,50,75

AN (Nm)
1237 1094 1268 1073

1787 1107 0 2840
2402 2120 2518 740

φN (rad)
3.718 3.15 3.20 3.12

0.8349 3.23 3.56 3.25
3.9468 3.24 2.31 3.24

Table 3: Achieved torque ripple reduction at nominal conditions with PBMVA for first three gear meshing
orders

A similar effect can, however, also be achieved by the use of conventional approaches such as linear tuned
mass dampers (TMD). For purposes of this study, the TMD was tuned at nominal speed n = 1000rpm using
the Den Hartog tuning [17] for the first meshing order f0 = 25 · n/60 = 416Hz where the selected TMD
parameter tuning is JTMD = 0.9378kgm2, cTMD = 254.22Nms/rad and KTMD = 4.638 · 106Nm/rad.

The main difference between the two described approaches lies in the performance outside of the nominal
point for which the system was optimized. It can be seen in fig. 9, that PBMVA as an order targeting
method, has a broadband effect in reducing the vibration while TMD is effectively targeting only a narrow
frequency band. This is especially obvious when looking at higher orders at nominal conditions when TMD
is used. Moreover, due to the intrinsic nature of the TMD it is in fact amplifying the undesired dynamic
effect in other frequency regions, i.e. shifting the resonance to a lower frequency. At the nominal design
point, Tload = 15000Nm and nn = 1000rpm, the system is not in resonance, therefore the PBMVA is
reducing the forced response as expected: amplifying the primary shaft inertia oscillations in order to reduce
the transmitted torque oscillation and consequently the contact force oscillation. The surprising effect of
PBMVA occurs at system resonances (fig 8.c), where, although the resonance of the system has not been
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(c) Effect of PBMVA at resonance- natural response of the
system

Figure 8: Validation run of 3 order tuned PBMVA for nominal conditions Tload = 15000Nm and nn =
1000rpm

shifted, due to the non-linear excitation reduction, both the acceleration and transmitted force are reduced
simultaneously.

If we observe the drivetrain with a single gear contact under constant reaction load and generator torque, we
can write the dynamics equation as a quasi-static model with linear dynamics contained in constant stiffness,
damping and inertial matrices excited by the nonlinearity as a disturbance force - input. Further on, we can
decompose the disturbance force to a Fourier series of the nonlinearity and try to correlate these with the
orders appearing in transmitted torque as well as the optimal tuning of the PBMVA. Therefore, it is clear
why a phase bound order targeting approach is more efficient, limiting the oscillating forces for the entire
operational regime (50% to 100% nominal speed) of the proposed study case.
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(a) original system (b) 1-3 meshing order PBMVA

(c) 1-3 meshing order PBMVA with low speed active torque
ripple suppresion

(d) Den Hartog tuned TMD

Figure 9: Waterfall plot of a validation run-up for all of the studied systems

5 Conclusions

A novel phase bound magnetic vibration absorber has been studied for a single gear pair, with the goal
to compensate for vibration caused by the first three gear meshing orders. The modeling approach shows
a vibration reduction of up to 64.46% for a spur gear at nominal conditions. In the worst case scenario,
the resulting vibration reduction is lower with respect to the optimum. Nevertheless, PBMVA consistently
reduces the vibration level in the entire operational range, unlike a linear TMD that was used to benchmark
the novel approach. Considering that the variable contact stiffness of the helical gears is smoother compared
to the spur gears (i.e. dominant low order excitations), PBMVA should be more performant in that case.
PBMVA is suitable for wide bandwidth vibration reduction i.e. the phase bound nature of the absorber makes
it more performant than frequency bound vibration reduction approaches for the phase-bound excitation.

Future work includes a fully coupled dynamic model of drivetrain and magnetic spring 6DOF model to
study the added transfer path through the absorber, although the magnetic spring contribution in secondary
DOF is expected to be negligible. A more detailed study with industrially relevant data of industrially used
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gearboxes, where multiple stages are considered together with space constraints could answer questions
about the practical limitations of the studied approach. Influence of material and modal damping on optimal
tuning has been identified as a critical parameter for the optimal design of the PBMVA, therefore, better
damping models should be used alongside measurement data.
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