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Abstract
The “Harmony-Gamma” test structure is an industrial assembly that presents a nonlinear behavior. The non-
linearities have two distinct origins. First, a set of four blades creates friction at the interfaces. Second, a set
of four elastomeric compounds subjected to the Payne effect. Both types of nonlinearities induce energy dis-
sipation and local stiffness softening in the test structure. In the present study, random vibration experiments
are performed to investigate the nonlinear behavior of the system at higher excitation levels. Concerning the
numerical part, a classical complete methodology from the finite element and friction/elastomer modeling
to the prediction of the nonlinear vibration responses is implemented. The well-known Harmonic Balance
Method (HBM) with a specific condensation process on the nonlinear elements is achieved. Secondly, the
HBM is extended for the case of random vibrations, while keeping the global methodology intact. Third,
comparisons between experiments and simulations are conducted.

1 Introduction

The vibration response of mechanical systems used to be mainly studied by means of a linear analysis. In-
deed, numerical simulations for both the modal analysis and frequency response function of linear systems
are implemented in every Finite Element software package and are widely used in industry. However, exper-
imentally, the dynamical system can experience nonlinear behavior with a frequency response that strongly
depends on the excitation level. The nonlinearities may be caused by large displacements, contact, fric-
tion in the joints, or non-elastic compounds. The consequences of such nonlinearities are a dependency of
eigenfrequencies and dissipation with input amplitude, discontinuities in the frequency response and a multi-
harmonic response to a mono-harmonic excitation.
Including the set of nonlinear elements that play a predominant role in the dynamic behavior of structures
proves essential to studying the dynamic behavior of systems. It requires both an efficient modeling of
the nonlinearity and the development of nonlinear computational techniques in order to correctly assess the
nonlinear dynamics of the structure. The present study concerns the modeling and simulation of nonlinear
phenomena in an industrial assembly subjected to random excitation.
Concerning the computational method, the Harmonic Balance Method is one of the most popular for ap-
proximating the stationary nonlinear responses of mechanical systems. It has been used in various nonlinear
applications involving dry frictions [1, 2] or rotatory machines [3]. More recently, Claeys et al. [4] presented
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Figure 1: Cross-section schema and picture of the structure ”Harmony-Gamma”.

an application of nonlinear vibration simulations using the HBM on an industrial finite element model. The
application was limited to harmonic excitations, but could have been extended to multi-harmonic excitations,
as showed in [5] with the example of a Duffing oscillator. In the present application, the HBM is extended
for the case of random excitations. A key element of the study is the decomposition of a random signal
into a suitable multi-harmonic periodic equivalent signal, used alongside a Periodogram strategy to properly
estimate the Power Spectral Density (PSD) of the response.
In the following section, the experimental assembly and the experimentally observed effects of friction and
elastomer are described. The corresponding finite element model and the reduction method are detailed
in Sections 3 and 4. The modeling of friction and the elastomer, the Harmonic Balance Method and the
nonlinear simulation results are then presented and compared to the experiments for random vibrations.

2 Experiments

The structure studied, named “Harmony-Gamma”, is presented in Figure 1. This structure was previously
used in [4] without the upper body, that is linked to the central body by the means of four elastomeric
joints. The experimental setup is quite similar between the two structures. The central body is bolted to the
external envelope at the bottom and is also in contact with this envelope through 4 blades at the top. During
the assembly, the central body is inserted in the envelope from the bottom. The blades are compressed, so
that the contact is never broken, even during vibration experiments. This structure is designed to have two
distinct axial modes, the first one stressing the contact between the four blades and the external envelope and
that initiates friction at high excitation level, and the second one stressing the elastomeric compounds. The
structure is tested with the base plate bolted to the shaker. Experimental frequency response functions are
plotted in Figure 2 for random vibrations with increasing levels. The friction phenomenon is characterized
by an increasing dissipation in the vicinity of the first resonance, while the elastomer phenomenon mostly
affects the decreasing resonance frequency of the first two modes. The third mode is a structural mode that
is weakly affected by the nonlinearities. For the random excitations at high levels, oscillations are observed
in the output PSD around the second mode of resonance.
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Figure 2: Experimental results for random excitations.

3 Modeling

3.1 Finite element model

The structure is modeled using the finite element software Abaqus CAE. Figure 3 presents the finite ele-
ment model, focusing on the two kinds of interface. The model only includes solid elements, either linear
or quadratic. As the experiments are made with constant input intensity amplitude, a model of the shaker
is necessary. The moving part of the shaker is a coil attached to the table where the structure is mounted.
Its transverse displacements and rotations are inhibited by strong springs and its axial displacement is pos-
sible and only limited by a soft spring. The shaker is modeled by a punctual mass, coupled to the base
of “Harmony-Gamma” and to the ground with a soft spring (Ksoft = 22800N.m according to the shaker
manufacturer). The model is excited by a force applied on the inertial mass. As a first approximation, this
force is proportional to the current delivered to the shaker.
Each of the 4 joints where the friction slides happen at high excitation levels is modeled by a connector
linking 2 nodes. One node is coupled with the contact zone of the blade, the other one is coupled with the
surface of contact of the external envelope. The four elastomeric joints are similarly modeled, using 2-points
connectors. The upper node is linked to the circular contact surface between the elastomer and the upper
body, while the lower node is linked to the contact surface between the elastomer and the central body. The
two nodes of a same joint can be at the same position. Reducing the total number of nodes involved in the
joints relationships is an important step that will combine well with the model reduction step.

3.2 Modal analysis and model validation

The prerequisite for nonlinear studies is the validation of the linear model. Figure 4 compares finite ele-
ment simulations to experimental measures at low excitation levels, when the nonlinearities are not active.
Simulation and experimental resonance and anti-resonance frequencies match with less than 0.1% errors.
Moreover, the good agreement between experimental and simulation results on various sensors validate the
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Figure 3: Cross-section schema of the finite element model (a) and focus on the contact zone model (b).

assumption of a linear relation between the intensity and the force over the frequency range considered. To
process the experimental data into an experimental modal analysis, the software LMS was used. The exper-
imental modal damping is automatically computed along the experimental modal analysis. We obtained a
set of three modal damping coefficients for the three axial modes that are studied. These coefficients were
then implemented in the devoted place in the finite element software. The deformed shapes are plotted in
Figure 5.

3.3 Model reduction

The “Harmony-Gamma” finite element model has more than 300000 degrees of freedom. The resulting
matrices of the problem would be too big to be treated with nonlinear simulations. To pally this difficulty, a
reduction model is proposed. This reduction model is implemented in the finite element software ABAQUS
and is very close to a Craig-Bampton reduction. This method allows to keep the physical degrees of freedom
of the structure (the accelerometers) while keeping its modal behavior. It was successfully used in the
previous work of [4]. For the elastomers, the DOFs of the connectors are retained in the reduction. The case
is more complex for the blades, because of the nonlinear behavior of the friction. A solution was brought in
[4], but is not detailed in the present paper. Before the implementation of the nonlinear joints, the equation
of dynamics is written in the reduced basis as :

Mẍ + Dẋ + Kx = Fexcit(t) (1)

x is the displacement vector in the reduced basis. M, D and K are respectively the reduced matrices of
mass, damping and stiffness, and Fexcit is the projection of the excitation on the reduced basis.
The matrix D is generated from the Rayleigh method, i.e. D = αK+βM, with α and β chosen to represent
an equivalent modal damping for the first and the third modes of the structure. Experimentally their modal
damping are ξ1 = 0.71% and ξ3 = 0.54% respectively. The equation that links ξi to α and β is :

ξi =
1

2
(αΩi +

β

Ωi
) . (2)
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Figure 4: Comparison between experimental (crosses) and finite element simulation (plain curves) results
on 4 experimental points : top of the upper body (black), top of the central body (red), bottom edge of the
envelope (green) and table (blue).

The solving of the previous equation gives the values of α and β, and thus the matrix D.
The next step consists in implementing the nonlinear joints. This step is detailed in [4]. The result is a change
in the form of the dynamical equation, that is now given by the following relation :

Mẍ + D(x)ẋ + K(x)x = Fexcit(t) (3)

with D and K functions of x. The constant part is separated from the non constant parts for matrices D and
K, this leads to :

Mẍ + Dẋ + Kx = Fexcit(t) + Fnl(x) (4)

with Fnl(x) = (D−D(x))ẋ + (K−K(x))x the nonlinear source term. The form of Fnl depends on the
type of nonlinearity.

3.4 Friction modeling

Many friction models have been developed to represent the nonlinear force induced by friction. Some of
the most used are the models of Coulomb, Dahl [6], Iwan [7], Valanis [8] or LuGre [9, 10]. Concerning the
friction observed in our structure of interest, a Jenkins model [11] gave good results in the work of Claeys
[4] for a very similar structure, so the same model is used in our application. This model is schematically
presented in Figure 6, and consists in adding a linear spring in series with a Coulomb friction model. The
slider remains in the stuck position until the force in the spring reaches the friction force when slipping
begins. This force threshold FCoulomb is the only parameter of the model. The sliding of the blade is such
that the internal force of the joint stays equal to the threshold.
The algorithm to calculate the nonlinear force in the joint was first proposed by Guillen and Pierre [12]. For
each time iteration i of the temporal signal, in a first step, a trial force is estimated assuming that the friction
slider remains in the stuck position between the iteration i− 1 and i :

trf = fi−1 + kJenkins(ui − ui−1) (5)

Then the friction threshold FCoulomb is applied to calculate the force in the Jenkins element at the iteration
i. This threshold creates 2 states : slip and stick. When the slip threshold is reached, a classical friction
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Figure 5: Cross-section view of the three first axial modes.

(a) (b)

Figure 6: Schema (a) and forcedisplacement diagram (b) of a Jenkins friction model.

behavior is assumed. In the reverse case, no energy is dissipated and the contact behavior is purely elastic :

fi =

{
trf if |trf | < FCoulomb (stick)

sign(trf)FCoulomb if |trf | ≥ FCoulomb (slip)
(6)

This algorithm only works when applied to periodic motions.

3.5 Elastomer modeling

In the present study we are interested in the modeling of an elastomeric joint in the structural dynamics frame,
and the validation of this model by test-simulation comparisons. These joints are vibration isolators and
have a nonlinear behavior, exhibiting a dependency of eigenfrequencies and dissipation with input amplitude
(Payne effect), hysteresis in the frequency response (Mullins effect) and multi-harmonic response to a mono-
harmonic excitation. The joints are subjected to harmonic and random excitations. The harmonic excitations
are used to create the model, while the random excitations are used to validate the latter.
Many methods have been developed in the literature to study the dynamic behavior of filled rubber isolators.
First, methods based on the modeling of the mechanical laws of the elastomer, using physical models such as
the Kelvin-Voigt or Maxwell model [13], fractional derivatives [14] or Berg model [15] to name just a few.
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Figure 7: Sine-swept experiments (a) and resulting model (b) for the elastomeric joint.

These methods are accurate but require a complex modeling of the joint, generally using a finite element
discretisation of the later [16, 17]. The second class of methods is based on phenomenological modelings
integrated at the scale of the mechanism. They usually take the form of a one degree-of-freedom system
whom stiffness and damping are polynomials [18] or exponentials [19] of the relative displacement of the
mechanism. The approach used in the present work is close to the later. The uniaxial behavior of the joint is
identified using sine-swept experiments with increasing levels of excitation. The choice of modeling consists
in a dependency of the stiffness and the damping of the joint with respect to the amplitude of the relative
displacement.
Sine-swept experiments were conducted with various levels of excitation in the vicinity of the first resonance
peak of a mass-spring system. The spring is the elastomer, with a mass attached to it. The spring is linked
to the shaker. Results of the experiments are shown in Figure 7. The softening of the elastomer with the
excitation level is characteristic. For every excitation level, the frequency of the resonance and the peak
amplitude are measured. By approximating the system with a linear one DOF system, it is possible to
assume the stiffness and the damping of the latter for each peak :

KElastomer = mSystem × Ω2
Resonance (7)

DElastomer =

√
mSystem ×KElastomer

QResonance
(8)

Therefore, a set of N duos (KElastomer, DElastomer) is obtained, with N the number of sine-swept experi-
ments. These couples are only valid at the specific resonance they were calculated. The main nonlinearity in
an elastomer is the Payne effect, which is the dependency of the properties of the elastomer towards its inter-
nal deformation. Therefore, the duos (KElastomer, DElastomer) are assumed to be functions of the amplitude
of deformation. The other nonlinear effects (dependency with the temperature, the frequency, the loads...)
are neglected.

3.6 Modeling of the signal

Many mechanical problems can be considered as stochastic nonlinear problems. A few examples are struc-
tures subjected to wind or vehicles on irregular roads. In these cases, the excitation is random and in general,
only the statistical quanta (moments, spectra) are known.
Several methods allow for the resolution of these mechanical problems : the Fokker-Planck method [20, 21],
the perturbation method [22] and the stochastic linearisation [23]. However, these techniques are limited to
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weak nonlinearities. A broader approach consists in numerically solving the nonlinear equations by using a
trajectory of the excitation. In this paper, we use the work of Shinozuka [24, 25] that employs trigonometri-
cal series to describe a random signal.
Let x(t) be a second order, stationary, centered and Gaussian process. x(t) has a PSD Sx(f), with a compact
support, meaning that there is a frequency fm > 0 for which Sx(f) = 0 for |f | > fm.
To simulate x(t), a series of process xN (t) is build and indexed by N , converging toward x(t). For N fixed,
the process xN (t) is simulated from the knowledge of the PSD Sx(f). ForN big enough, the obtained trajec-
tories are seen as good approximations of the trajectories of the process x(t). According to Shinozuka [25],
the process xN (t) is defined as a series of cosinus with frequencies divided equally on the interval [−fm, fm],
with random phases uniformly distributed on [0, 2π] and with amplitudes function of Sx(f). We write :

xN (t) =

√
1

T

N−1∑

k=0

√
Sx(fk) cos(2πfkt+ Φk) . (9)

When N is big, the computational time of the series (9) can be high. To overcome this issue, Eq. (9)
is written for times t, equidistant and with a frequency discretisation chosen in order to use Fast Fourier
Transform algorithms. Using the previous formalism alongside a FFT algorithm in Eq. (9), one obtains

xN (tn) =

√
1

T

(
FFT−1(eiΦk

√
Sx(fk))

)
. (10)

By construction of the family Φk, xN (tn) should be a series of real values, however round-off errors can
occur from the FFT , so we write :

xN (tn) =

√
1

T
Re
(
FFT−1(eiΦk

√
Sx[fk])

)
. (11)

On one hand, one can simulate a random time series xN (tn) with computational efficiency provided that the
PSD is known at the frequencies fk and that a random family of phases is generated. On the other hand, one
can estimate a PSD from a time series evenly spaced in time. The estimate has a lower variance when the
signal is split into K signals of the same duration.
In this paper, the input data is the Power Spectral Density of the excitation, while the desired data is the
Power Spectral Density of the output acceleration at a given point of a structure. To solve the nonlinear
equations, temporal representations of the signal are necessary. The procedure is then as follow :

1. First, K signals are generated from the input PSD using the procedure developed previously. These
signals will be the input of the Harmonic Balance Method (in a Fourier form).

2. Secondly, K deterministic simulations are conducted using an HBM. These simulations are detailed
in next Section 4. The results are K output signals in a Fourier form.

3. Then, the output PSD is estimate by averaging the K PSD of the output signals, in order to reduce the
variance of the estimate.

3.7 Updating of the signal parameters

A few parameters need to be updated in order to simulate the system. The two main constraints are the
frequency bandwidth and the frequency resolution.
The PSD is of interest in the bandwidth [10, 600] Hz, so the Nyquist’s frequency impose that the time step is

dt =
1

2 · 600
= 8.33 · 10−4s or inferior.

Now, regarding the frequency resolution, the resolution needs to be high enough in order to capture the
resonance of the structure. With a small resolution, it is possible to jump over the peak, with a consequence
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in the prediction of the response. This behavior tends to be of even more importance with nonlinear systems
as a bad representation of the signal on certain frequencies will affect the whole bandwidth and not only
the concerned frequency. In order to have a high enough resolution, a criterion is to have 8 points in the
mid-power interval of the peak. This corresponds to a resolution ∆f that verifies :

∆f = f0

(
1−

√
1− 2ξ tan

( π
16

))
, (12)

where ξ = 1
2Q is the modal damping (and Q is the Quality factor, i.e. the maximum of the FRF) and f0 is

the frequency of the peak. Experimentally we measure approximately a Quality factor of Q = 100 with a
resonance frequency f0 = 200 Hz. This leads to ∆f = 0.2Hz.
With a Nyquist’s frequency fn = 1200Hz, this leads to N = fn

∆f = 6000. N is chosen as the closest power
of 2 to simplify the use of the FFT, so N = 213.

4 Nonlinear simulation

4.1 Description of the method

First of all, the deterministic nonlinear problem is solved with the Harmonic Balance Method [26]. This
method seeks the stationary solution in the form of truncated Fourier series. Both the nonlinear dynamical
response and the force vector are approximated by finite Fourier series with df (the frequency resolution) as
fundamental frequency. Let Ω = 2 · π · df be the fundamental pulsation. (Ak,Bk)k∈[1,p], (Sk,Ck)k∈[1,p],
(Sk,excit,Ck,excit)k∈[1,p] are respectively the Fourier coefficients of the solution W, the nonlinear force FNL

and the excitation F.

x(t) = B0 +

p∑

k=1

(Bk cos(kΩt) + Ak sin(kΩt)) (13)

Fnl(t) = C0 +

p∑

k=1

(Ck cos(kΩt) + Sk sin(kΩt)) (14)

F(t) =

p∑

k=1

(Ck,excit cos(kΩt) + Sk,excit sin(kΩt)) (15)

p, the order of the truncated Fourier series is selected on the basis of the number of significant harmonics
required in the dynamical response. For our application, p is chosen to be equal to N (where N = 213 has
been calculated in Section 3.7). Equation (4) is rewritten in the Fourier basis :

[
K− (kΩ)2I −kΩD

kΩD K− (kΩ)2I

] [
Ak

Bk

]
=

[
Sk

Ck

]
+

[
Sk,excit

Ck,excit

]
∀k ∈ [0, p] (16)

where I is the identity. The coefficients Sk and Ck depend on the coefficients Ak and Bk. They are
calculated through an Alternate Frequency Time domain method (AFT-method) [27]. Usually this method
deals with a small number of harmonics which makes the Discrete Fourier Transform (DFT) a suitable
method to go from the temporal representation to the frequency representation of the signal, and inversely.
However in this paper, the number of harmonics is extremely high. The AFT is adapted by using the FFT
algorithm instead of the classic DFT. Using the FFT, one can calculate the non-linearity in the temporal space
before switching back to the Fourier domain, as summed up by the following scheme :

X = [A0B0A1B1...ApBp]
FFT−1

−→ x(t)
Eq. (4)−→ Fnl(x)

FFT−→ [S0C0S1C1...SpCp] (17)
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This equation creates a direct link between the Fourier coefficients of W and Fnl which enables a nonlinear
solving of problem (4) that can be written as :

H(X,Ω,F) = AX−B−BNL(X) = 0 (18)

with :

A =




K
K

K− Ω2M −ΩD
ΩD K− Ω2M

. . .
K− (kΩ)2M −kΩD

kΩD K− (kΩ)2M
. . .




, (19)

and B and BNL the Fourier series of F and Fnl respectively.
The solution X is a discrete response curve in the frequency-amplitude domain. It represents the Fourier
Transform of the solution over the entire frequency bandwidth, and can be used to estimate the PSD of the
solution. However, it might not be possible to find a solution X that verifies Equation (18), especially for
strong nonlinearities. Therefore, a Newton-Raphson continuation method has been used. The input PSD of
F is considered as a variable as well as the Fourier coefficients X of the solution.
The continuation starts with a prediction step. Considering two points that are already computed (Yn−1 and
Yn, where Yn = [X(n),F(n)]), the next point belongs to the secant generated by the two later points. The
distance between Yn and Y0

n+1 is the step-length ∆s, so that the prediction point is :

Y0
n+1 = Yn + ∆s.(Yn − Yn−1) (20)

The second part of the continuation is the correction. The Newton-Raphson correction is such that at the ith

iteration, Xi needs to be a zero of H, so the correction is written :

Xi
n+1 = Xi−1

n+1 +

[
∆X
∆F

]
with

[
∆X
∆F

]
= −J+

y H(x
(i)
n+1)H(x

(i)
n+1) (21)

Once the Fourier coefficients X are calculated, the nth harmonic of x is given by the formula Hn =√
‖An‖2 + ‖Bn‖2 so that the frequency response can be plotted for each harmonic.

4.2 Changes in the Jacobian

The previous algorithm does not scale well with the dimension of the problem. With N being the number
of harmonics, the size of the Jacobian of the system is (2N, 2N). The first source of computation time is in
the inversion of the Jacobian that scale in O(N3). The second source of computation time is in the making
of the Jacobian. Each column needs the calculation of a nonlinear force Fnl(t), and the later is based on the
use of one FFT and one inverse FFT with signals of size N . The result is that the making of the Jacobian
scales in O(N2log(N)) as one FFT scales in O(Nlog(N)).
Let Jf (X) be the Jacobian of a function f depending on X. For a random excitation, the optimization
problem requires the calculation of the Jacobian :

JH(X) = JAX+B+BNL(X)(X) = A + JBNL
(X) . (22)

The matrix A is block-diagonal by construction and represents the linear part of the equation. In most cases,
the nonlinearity acts as a perturbation of the nonlinear system so we can assume that the full Jacobian is
block-diagonal dominant. Based on the method developed in [28], we choose to solve our optimization
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problem using an approximation of the Jacobian, that is the block-diagonal part of the full Jacobian. The
new Jacobian is much more easier to inverse. The solving of one linear system of size (2N) is changed to
the solving of N linear systems of size 2.
Another possible speed-up can be actuated in the making of the Jacobian. Now, only the block-diagonal part
of the Jacobian is of interest, so there is no need to calculate the full Jacobian. Indeed, for each column of
the matrix, only two rows are used for the inversion of the Jacobian matrix. To provide a simple explanation
of the speed-up, we take the example of the kth block of matrix A, that is written :

[
K− (kΩ)2M −kΩD

kΩD K− (kΩ)2M

]
. (23)

This block is positioned at the indices (2k, 2k),(2k, 2k + 1),(2k + 1, 2k) and (2k + 1, 2k + 1) of matrix
A. One wants to calculate the components 2k and 2k + 1 for the nonlinear vectors BNL(X + dX2k)
and BNL(X + dX2k+1), the other components being irrelevant with the block-diagonal assumption on the
Jacobian.
Firstly, the calculation of the temporal signals of X + dX2k and X + dX2k+1 do not require the use of an
inverse FFT. This fact is actually independent of the assumption on the Jacobian. Indeed, as the inverse FFT
operator is linear and since and inverse FFT was conducted once on the vector X, one just needs to add the
cosine and sinusoidal compounds to the output signal :

x2k(t) = FFT−1(X + dX2k) = FFT−1(X)− 1

N
‖dX2k‖ sin(kΩt) , (24)

x2k+1(t) = FFT−1(X + dX2k+1) = FFT−1(X) +
1

N
‖dX2k+1‖ cos(kΩt) , (25)

which requires O(N) operations instead of O(Nlog(N)).
Once these two temporal signals are computed, one can calculate the two resulting temporal nonlinear source
terms. With the assumption on the Jacobian, we are only interested in two components for each of these
signals. Instead of using an FFT, a Galerkin projection on the desired frequencies, in order to calculate the
necessary nonlinear source terms :

BNL(X + dX2k)2k = −
∑

t

(Fnl2k(t). sin(kΩt)) , (26)

BNL(X + dX2k)2k+1 = +
∑

t

(Fnl2k(t). cos(kΩt)) , (27)

BNL(X + dX2k+1)2k = −
∑

t

(Fnl2k+1
(t). sin(kΩt)) , (28)

BNL(X + dX2k+1)2k+1 = +
∑

t

(Fnl2k+1
(t). cos(kΩt)) , (29)

which requires O(N) operations instead of O (Nlog(N)).
In the end, this procedure changes the scaling of our algorithm to a small factor, from O

(
N2log(N)

)
to

O
(
N2
)
.

It is of paramount importance to note that the speed-up of the algorithm per iteration does not necessary
mean a speed-up in the overall calculation time. Indeed, the assumption made on the Jacobian deteriorates
the latter and can slow down the convergence of the algorithm. However, there is always a gain in term of
memory.

5 Results

Simulated and experimental frequency response functions for random vibrations of increasing excitation lev-
els are plotted in Figure 8 for “Harmony-Gamma”. Similar behaviors are observed between the simulations
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and the experiments. In the vicinity of the first mode, there is a decreasing of the frequency and the reso-
nance amplitude starts decreasing. This is due to a combination of the two nonlinear joints. For the second
mode, there is a significant decrease of the frequency, due to the elastomer joint only. The third mode is only
impacted in its amplitude peak due to the increasing distance with the second mode.

100 200 300 400 500 600
Frequency (Hz)

10−4

10−3

10−2

10−1

100

101

102

103
P

SD
(m
.s
−

2
)2
/H

z

Figure 8: Cross-section schema and picture of the structure ”Harmony-Gamma”.

6 Conclusion

A nonlinear vibration simulation method is applied to an assembly with friction and elastomeric joints. The
presented method is based on 4 main steps: finite element modeling, model reduction, nonlinear simulation
and comparison with experimental results. The nonlinear simulation process uses the Harmonic Balance
Method adapted to random vibrations and coupled with condensation algorithms. It is observed that simula-
tions reproduce the experimental flattening and shifting of the resonance peaks when increasing the excitation
level.
This study demonstrates that the presented nonlinear simulation method is relevant in simulating the evolu-
tion of the frequency response due to nonlinear joints in assemblies subjected to random excitations. It is an
important step toward the actual use of such nonlinear simulation methods in industry.
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