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Abstract 
The work presented here focus on the numerical techniques used to compute the transfer function between 

the vibrations generated in a gear box by the transmission error and the noise power that results in the 

surrounding. Finite element method is used to compute the vibration and acoustic components of the 

transfer function, in the frequency domain or time domain. 

The numerical results have been compared to an experimental dataset. 

1 Introduction 

Noise becomes a major concern for gear box makers. The main source of the noise radiated by the 

gearbox is known for long to be related to the transmission error (TE) [1]. TE is defined as the existing 

offset between the ideal angular position of the driven pinion and its actual position regarding a 

homocinetic transmission. 

Literature on the computation of the transmission error and to the transmission of vibrations through a 

gearbox is wide, but only a few papers deals with the complete vibro-acoustic chain, from the transmission 

error to the computation of the noise radiated by the system[2]. The vibration transfer function is, in 

general, computed in time domain, and the extension to the acoustic domain is not straightforward and 

seldom done. 

This works aims at comparing the different methods that allows computing the noise radiated by a gearbox 

mainly excited by the transmission error. Here, the concern is the transfer function between the 

transmission error, taken as an input of the model, and the external noise.  

In the present study, three approaches have been  used and compared for the vibration computation, direct 

harmonic, harmonic on modal base, and temporal on modal base, while the acoustic part is computed with 

the  direct harmonic or harmonic on modal base approach. 

The numerical results have been compared to an experimental dataset, where transmission error, gearbox 

accelerations and acoustic data have been recorded. 

2 Comparison of different numerical approaches 

Vibration calculations can be made in four quadrants (Table 1) 

 

Time domain Frequency domain 

direct 

𝑢 = 𝑔(𝑥, 𝑡) 

direct 

𝑢 = 𝑔(𝑥, 𝑓) 

modal base modal base 
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𝑢 =∑Φ𝑘(𝑥)𝜂(𝑡) 𝑢 =∑𝜙𝑘(𝑥) 𝜂(𝑓) 

Table 1- Possible approaches for vibrations computation 

The three following approaches have been used and compared: Computation in the time domain on a 

modal base, and in the frequency domain,  both direct and modal. The direct time domain approach, while 

being the standard way of approach for this type of computation, was not used here, because it implies a 

large computing time, and the transfer of data from the vibration problem to the acoustic one, treated in 

the frequency domain, is not easy: it would imply to do a Fourier transform on each point of the external 

mesh of the gearbox. 

The time domain approach is less suitable than the frequency domain approach to analyze a periodic 

dynamic phenomenon. It requires computing the transient phase that precedes the stabilized phase of 

interest. Its use is justified when non-linearities are to be taken into account, what is not possible in the 

frequency domain. 

Acoustic calculations are made in all cases in the frequency domain.  

The transmission error spectrum is taken as an input, defined upstream. No feedback mechanism from 

vibration to the TE is taken into account here.  

Vibration and acoustic computations are chained: vibrations of the gearbox are computed first, and the 

noise is computed in a second step using the vibration data as input. 

3 Numerical models 

3.1 General structure 

The test setup used to get the experimental data compared to the numerical results is shown Figure 1. It 

has been described in details elsewhere [3], and only the main characteristics are given here. 

The modeled and tested structure is a single stage reducer. The pinion has 32 teeth, and the gear 43 teeth. 

The module is 1.75 mm. 

The angular error between the two shafts is measured by using optical encoders on the free ends of the 

shafts, with respectively 2000 top/rev and 2500 top/rev.  

Several accelerometers are set on the casing and close to the bearings to get the vibration response of the 

system. 

The sound power radiated by the gearbox is measured by an intensity probe for the stabilized 

measurement, and deduce from the sound pressure given by a microphone over the structure, previously 

calibrated on the intensity sound power measurements, for the transient measurements.  
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Figure 1 – Picture of the test bench (left) and CAD view of the reducer (right) 

3.2 Components models 

The model is composed of three components, defined in separate meshes: The shafts and wheels, the 

gearbox, and the acoustic medium.  

3.2.1 Shafts models 

In a compromise between computation efficiency and accuracy, the shafts and gears are modeled as beams 

and disks assemblies (Figure 2). Bearings are taken into account by their equivalent stiffness. Couplings at 

the shafts ends are taken into account by inertia matrix associated to their end points. 

 

Figure 2 – Shafts numerical models. 

As shown in Figure 3, the contact between teeth is modeled by a link composed of stiffness elements 

representing the teeth stiffness (KAL, KAR) and a stiffness element where the transmission error is 

applied (KET). 
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Figure 3 – Model for the teeth contact 

The transmission error is: 

- either imposed as a kinematic relation between the displacements of the two nodal points at the 

end of the KAR, KAL stiffness:      

displacement(dALc) - displacement(dARc)= TE.    (1) 

             This approach is used in the calculation in the frequency domain on physical base 

- or imposed by two antagonist forces on the stiffness KET. In that case, the stiffness has to be 

given a value far larger than the stiffness of the components of the model (here, 1012 N/m). The 

amplitude of the forces is given by 

 𝐹 = 𝐾𝐸𝑇 . 𝑇𝐸 2⁄       (2) 

and the direction of application is normal to the teeth contact faces.  

This is the model used for the calculations on modal base, in the frequency and time domains. 

The two approaches have been compared, and it has been shown that, for the given value of the stiffness 

KET, they give the same results.  

3.2.2 Gearbox model 

The gearbox is composed of five thick faces, the top face being thinner. A simplified model has been used. 

The mesh use coarse 3D elements on the thick faces, while a finer mesh is used on the top face. The shafts 

are linked to the gearbox by the stiffness representing the bearings (Figure 4). As no detailed data were 

available for the bearing stiffness, they have been assumed to be stiff (1010 N.m). 

 

Figure 4- Gearbox mesh and linking between the shafts and the gearbox 

3.2.3 Acoustic domain model 

In order to use one unique software for all the computations, the acoustic radiation around the gearbox is 

computed using the finite element method too. So the air volume surrounding the system has to be 

meshed. This volume is delimited by a spherical surface, on which an impedance boundary conditions is 

imposed to simulate the radiation in an infinite domain (Figure 5). 
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Figure 5- Air volume mesh (left) and spherical surface where non-reflecting boundary condition is applied 

(right) 

The other external surfaces, representing the walls around the test gearbox setup, are considered as rigid. 

The vibration velocity field issued from the vibration analysis is projected on the gearbox surface and used 

as the acoustic loading.  

4 Results 

4.1 Finite elements solver 

The solver used in all calculations is Code_Aster, version 13.3. This open-source code created by EDF [4] 

is a generic finite element mechanical solver with acoustic capabilities. The vibration computations, either 

in time or frequency domain, used the native functionalities of the software, while the acoustic 

computations have required some specific developments [5]. 

4.2 Vibration calculations 

4.2.1 Frequency domain, direct approach 

The vibration transfer functions are computed by calculating the vibration spectra resulting from an 

imposed TE of constant amplitude 1µm. The transmission error is directly imposed as a relative 

displacement between the two teeth. 

The direct approach doesn’t introduce any shortcomings in the model, but the calculation times are high 

on complex models. Here, on this simple model, the computation time is 780s on a laptop for 300 

frequencies, being 2.6 s/frequency. 

Figures 6 to 7 show some examples of the results got. 
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Figure 6 – Calculated teeth angular displacement (left) and TE deduced from the angular displacements at 

the encoder position (right) for an imposed TE of 1µm 

 

Figure 7 – Calculated acceleration of the bearings for an imposed TE of 1µm 

It can be notice that over 300 Hz, the TE deduced from the angular displacement read at the encoders 

positions is very different from the imposed constant TE. This is due to the presence of shafts torsional 

modes, that decouple the rotation of the ends of the shafts  from the rotations of the wheels. So, in that 

experimental setup, encoders measurements, while very useful to validate the finite element model, can’t 

be taken as an accurate measurement of the TE over some hundreds of Hertz. 

4.2.2 Frequency domain – Modal base 

Frequency computation on a modal base that uses an imposed displacement as load (Dirichlet conditions) 

is not compatible with a standard approach. For this reason, the TE load is imposed here by using two 

antagonist forces acting on a high stiffness between the teeth.  

This approach presents some technical difficulties. Due to the high value used to connect the two teeth, the 

mode that support the TE load is rejected at a frequency that is too high to extend the computation of the 

modal base up to that frequency. To overcome this problem, we use an approach similar to the one used to 

define Craig-Bampton type superelements:  The modal base is computed with the teeth nodal point 

blocked, and is completed with the static modes linked to those points. The static modes allow to fix the 

modal troncation error. 

The results are very close to the ones got with the direct method, as can be seen on Figure 8, compared to 

results shown Figure 6. 
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Figure 8 - Calculated TE deduced from the angular displacements at the encoder position (right) for an 

imposed TE of 1µm  - Calculation on modal base 

The computation time is 25s for 60 modes and 360 frequencies, being 0.07 s/frequency. The gain against 

the direct approach is close to 40, which largely justify the added complexity of this later approach. 

 

4.2.3 Time domain, modal base 

The time domain approach is justified when one has to take into account non-linearities (choc, variable 

stiffness, ...). Here, the time domain approach on a modal base is used. The modal base is the base 

completed with the static modes formerly used in the frequency domain.  

The hysteretic damping used for frequency calculations has no equivalent in the time domain approach. In 

that case, a Rayleigh damping is used instead. 

The integration algorithm must be explicit to take non-linearities into account. Tests have shown that the 

time step needed to get convergence was very short: 10-7 to 10-8 s. It is probably the high stiffness used to 

define the TE load that is the cause of this short time step.  

One example of the results got is shown in Figure 9. One computes the response to a transmission error of 

amplitude 1µm, in swept sine, for a frequency ramp ranging linearly from 900 rpm to 6300 rpm. 

 

Figure 9 – Calculated Teeth angular displacement for a given TE of 1µm. Swept sine between 900 rpm 

and 6300 rpm  

The amplitudes and frequencies of the peaks are in agreement with the calculations in the frequency 

domain. But the computation time is much longer: time to compute 1 s is 250 s. 
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4.3 Acoustic calculations 

A simplified approach has been used to compute the acoustic response of the structure. The acoustic 

radiation is computed only at the modal frequencies of the structure, using the modal shapes projected on 

the gearbox surface as acoustic loads. The acoustic pressure is interpolated between the modal frequencies 

of the structure. The calculation is exact for each modal frequency, and only approximated in between, 

but, as the contribution of the modal peaks is dominant, the approximation leads only to an acceptable 

error.  

The acoustic power radiated for an imposed TE of amplitude 1 µm is shown Figure 10.  

 

Figure 10 – Acoustic power radiated for an imposed TE of 1µm 

Some examples of the acoustic fields calculated on noteworthy points are given Figure 11. 

 

 

Figure 11 – From top left to bottom right,  Acoustic field radiated at 1600 Hz, 2270 Hz, 3450 Hz, and 

6600 Hz 
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5 Comparison with test results 

The noise powers radiated for 1 µm TE got from measurements in stabilized regime are compared with the 

computed results in Figure 11. The test results are given by markers for the frequency band around the 

harmonics of the mesh frequency.  

 

Figure 12 – Comparison calculation-test. Acoustic power radiated for 1µm TE. Markers are the test points, 

green: 1490 rpm, H1, H2, H3, blue: 3550 rpm, H1, H2, red: 6550 rpm, H1 

The agreement between the computed and measured transfer functions is correct for frequencies above 

2000 Hz. Due to the high complexity of the transfer function, a small error in frequency can results in a 

large error in the amplitude at a given frequency, and the comparison is not easy at fixed velocity . 

A better estimation of the quality of the model would be obtained by using transient velocity tests (runup). 

The experimental runup data are currently post-processed to allow this comparison.  

5.1 Conclusions 

The comparison of the calculation methods for the transfer function between the transmission error and 

the noise radiated by gearboxes leads to recommend the approach based on the computation in the 

frequency domain on a modal base. The modal base must be completed with the static modes associated to 

the link between the teeth. 

The model agrees with the experimental data for frequencies above 2 kHz. The agreement is poorer at 

lower frequencies. A deeper analysis, based on transient measurements, is needed to better understand and 

correct the mismatches. 
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