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Abstract
Dry friction is widely used in turbomachinery in the form of under platform dampers to limit resonant
vibration and avoid high-cycle fatigue failures of the blades. Most test rigs that are used to investigate the
behavior of dampers aim to evaluate their performance by reduction in blade vibration amplitude. This
approach is insufficient to understand local nonlinearities of the contact and influence of blade dynamics
on UPDs behavior. A newly developed test rig provides the user with an unprecedented set of information:
it measures contact forces and relative displacements between dampers and blade together with the overall
blade response. This controlled environment, together with a state-of-the-art numerical model of the test rig,
is used to provide an insight into the subject of model validation. The presented experimental and numerical
study of the damper is used to highlight the relevance of an accurate representation of the constraints induced
by friction contacts and to discuss the adequacy of state-of-the-art contact models.

1 Introduction

Dry friction damping is used, in the field of turbomachinery, to mitigate the structural vibrations caused by
fluctuating stresses[1, 2]. Under platform-dampers (UPDs) are small metallic components placed between
two consecutive blades of a turbine to minimize the blade vibration by dissipating the energy at contact
interface. Highly nonlinear behavior of the frictional contacts makes it challenging for researchers and
engineers to precisely model and predict the response of complete damper-blade structures at various load
conditions. In this regard, explicit numerical models of under platform dampers (UPDs) are used with a
multi-harmonic balance solver to predict its non-linear behavior. A detailed study on the modelling of UPDs
is presented by several authors [3, 4, 5, 6, 7, 8, 9, 10] in which a routine is adopted to compute the damper
contact forces as a function of given relative displacement between two contact surfaces. Such routines, also
known as contact models, require calibration. This step is crucial as numerical results are strongly dependent
on the chosen set of contact parameters [11, 12, 10]. Therefore, experimental measurements are necessary:

• to actually determine the performance of the damper in terms of blade amplitude reduction and fre-
quency shift;

• to estimate the contact parameters used to calibrate contact models.

These two necessities are sometimes fulfilled with the same set of experimental evidence. Experimental evi-
dences most commonly available are FRFs [7, 13, 14, 15]. Unfortunately fine tuning the contact parameters
to obtain the desired frequency response is not a viable practice, as multiple combinations of contact param-
eters may produce the same frequency response (i.e. under-determined problem). Another way to obtain
contact parameters is through the use of single-contact test arrangements[16, 17]. A test rig improved in [18]
is capable of measuring friction coefficients and contact stiffness values of a flat-on-flat contact interface.
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This test rig has a facility to control the relative displacement and high temperature of the contacting sur-
faces. However, the applied normal load is constant, which is not consistent with the real working conditions
of UPDs. An upgrade first proposed in 2010 [19] has a single damper constrained between two dummy
platforms. A feedback controlled displacement is provided with the help of piezoelectric actuator on one
of the platform whereas, damper contact forces are measured on the other platform by using two load cells.
Since then this test rig has been used to investigate the kinematics of several dampers [20, 21]. Nevertheless,
as this test rig does not have a blade, the effect of blade dynamics on kinematics of the damper is not present.
Therefore, a novel test bench [22, 23] has been designed and commissioned by the authors to overcome
these limitation. This novel test rig has been developed with the purpose of investigating the kinematics of
the dampers in the presence blade dynamics ( a topic of recent interest in the community [10]). This test
bench is composed of a single turbine blade with two UPDs and has a facility to measure damper contact
forces and its relative displacement with respect to the blade. This allows a direct investigation of the varia-
tion in damper kinematics and overall structure dynamics at various loading conditions. This is achieved by
recording:

• the FRFs of the blade with accelerometer to estimate damper performance (blade dynamics)

• Damper-blade contact behavior with the help of load cells and laser (contact forces and displacements)

These experimental measurements establish a base to study the behavior of dampers at their contact level.
Moreover, a multi-step model validation is possible using this experimental evidence.

1. Measured contact forces applied as external forces on the FE model of the blade (comparison of
numerical and experimental FRFs) - validation of the linear FE model of the blade constrained in the
rig.

2. Measured platform displacements fed to the damper model already presented in[] (comparison of
numerical and experimental contact forces) - validation of the damper model and of the contact model
used to represent friction.

These two steps give the unprecedented opportunity to verify separately and independently the adequacy of
the user-constrained blade FE model with the adequacy of the contact model. An endeavor which is simply
not possible if a standard experimental-numerical comparison of FRFs is the sole benchmark.

A brief description of this test rig is present in section 2 ( the reader is referred to [23] for a detailed de-
sign study). The numerical model of the blade and damper is addressed in Sect. 3. The first step of the
validation procedure described above is recounted in Sect. 4. Section 4.1 carries out a careful analysis of
the measurement error of contact forces, an indication the authors hope will be useful to other researchers.
The second step of the validation procedure is recounted in Sect. 5 and the adequacy of the contact model is
discussed.

2 Experimental Setup

Due to the complex and nonlinear behavior of friction, a test rig with a capability to directly measure parame-
ters at the damper-blade contact level is required. The novel test rig used to obtain the experimental evidence
presented in this article has several distinct features. However, the feature that best distinguishes the test rig
used in this research from other experimental setups is the direct measurement of the contact forces when the
damper is dynamically coupled with the blade. A top view of the test rig is shown in Fig.1 which presents a
single turbine blade is visible, placed inside a cavity engraved in the blade-adapter according to the geometry
of the blade root. This blade-adapter is a replaceable part thus allowing to accommodate a number of turbine
blades in test on the rig, provided that the maximum length of the blade is not exceeded. A controllable and
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Figure 1: Top view of test rig

measurable pushing force FP is applied on the root of the blade to simulate the actual centrifugal force which
acts on the blade while the turbine runs. Two under platform dampers are placed against the blade platforms
on each side of the blade. The dampers are in contact with the under-platform of the blade on one side and
with a ground platform on the other side.
The ground platform is linked to a contact force measuring system. Two contact force measuring systems are
used, one for each damper. A component named L-Separator, designed with two orthogonal limbs, separates
the contact forces into two components acting along each limb axes. A piezoelectric load cell is placed at the
end of each limb to measure the respective force component. The accuracy of the force measuring system
depends upon several factors. Electronics involved in force measurement, misalignment introduced by the
mechanical tolerances and contact angles are the major sources of uncertainty. A complete description of the
force measuring accuracy is given in [23].
The contact forces at the blade side are obtained from the measured contact forces at the ground platform
side through a simple force equilibrium, depicted in Fig. 2. In it, the damper inertia forces are neglected, a
perfectly valid assumption at frequencies lower than 5 kHz (cite my thesis). Forces can also be decomposed
into their normal (N) and tangential (T) components, as shown in Fig. 2 or along the blade axial-radial di-
rections (XYZ reference system). This last reference system is the same used in the FE model of the blade
and will be used throughout the paper.
The blade excitation is provided by means of an electromagnetic shaker. The shaker stinger is connected at
a point near the blade root (low mobility point) to excite the structure at desired frequency and excitation
level.

3 Damper and Blade Numerical Models

As stated in the introduction the experimental capabilities of the test rig allow for two separate and indepen-
dent validations. As a result, the numerical models used in the validation process will separately represent
the blade and damper environment. This section describes both models together with the chosen solution
techniques.
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Figure 2: Damper static force equilibrium, both dampers at their nominal positions
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3.1 The blade numerical model

The general forced response of any friction-damped structure can be written as follows:

MQ̈+ CQ̇+KQ = FE + FC (1)

where M , C and K corresponds to mass, damping and stiffness matrices of the elastic structure respectively.
Further details on the procedure used to obtain FE matrices representing the constrained blade are given in
Sect. 3.1.1 and 3.1.2. The vector Q represents the displacement of all degrees of freedoms (DOFs) of the
system. Vectors FE and FC correspond to external and contact forces respectively. In the present case, the
external force is applied to the system with the help of external excitation source i.e electromagnetic shaker,
at a given frequency and amplitude level. Whereas the contact forces FC are nonlinear forces acting on the
blade underplatform, i.e. at the blade-damper contact interface.

3.1.1 Craig-Bampton Reduction

The Craig-Bampton Reduction method, also known as CB-CMS, is a commonly used technique to reduce the
size of a large finite element model by acquiring the fundamental frequency modes of the structure [24, 25].
In this method, only a subset of physical DOFs of the full model, corresponding to chosen nodes, are retained
as master DOFs while the remaining DOFs are reduced in a set of orthogonal modes (slave DOFs). In the
blade finite model presented in this paper and shown in Fig. 3, master nodes include contact nodes at the
blade platforms and at the root attachment, one blade excitation node where the shaker is attached and a
blade response node where the accelerometer is positioned. In Fig. 3 a, master nodes corresponding to the
left platform and root are not visible due to given orientation of the blade.
It was here chosen to apply the CB-CMS technique to the free blade model, and to constrain the structure,
i.e. to reproduce the clamping of the root, at a subsequent step. Section 3.1.2 gives further details on this
matter.

3.1.2 Preliminary tuning of the clamped blade structure

A common method to tune a clamped blade is to fully constrain (i.e. impose zero displacement at all DOFs)
of a few nodes belonging to the blade root. This approach may be convenient, but has several drawbacks:

• It does not reproduce real contact conditions: since the zero displacement hypothesis is very strong,
only a subset of nodes must be constrained if the simulated and measured resonance frequencies have
to match.

• The level of approximation is too rough, it is sometimes impossible to match at least 2-3 measured
resonance frequencies with this method, thus producing a sub-optimal free model as input to the sub-
sequent nonlinear calculations.

For these reasons the authors decided to improve the way blade clamping is modeled by introducing a 3D
spring element at each node on the blade roots, as shown in Fig.3 b. The 3D spring element connects each
selected blade root node element either to a corresponding node on the surrounding structure (if the blade or
the disk is modeled) or simply to ground (if, as in this case, the bulkiness and stiffness of the blade adapter
allows for this simplification.)
The use of a 3D spring element (which may be easily upgraded to an actual contact element capable of slip
if deemed necessary) allows modeling the effect of compliance of the contact interface in all directions. The
user will notice that the 3D spring element needs three calibration parameters: kn, kt1 and kt2. The values
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of the springs are determined by imposing that the first three measured frequencies of the clamped free (i.e.
no damper) blade match the simulated ones:




f1,MEAS = f1,SIM (kn, kt1, tt2)
f2,MEAS = f2,SIM (kn, kt1, tt2)
f3,MEAS = f3,SIM (kn, kt1, tt2)

(2)

Since the fist three modes see the root moving along three different directions, the resulting system produces
a unique solution (i.e. set of contact springs) thus yielding a system with a unique solution (three conditions
for three unknowns).
The experimental clamped free blade response is also used to tune the structural damping level (i.e. matrix
C), see result in Fig. 3 c. The measured/simulated FRFs confirm that the clamping force applied to the blade
produce a minimal contribution to the damping at the root.

3.1.3 Forced response calculation

This section gives further details on the method used to solve Eq. 1. Harmonic balance is used to compute
the steady state solution of equations where an applied periodical excitation force of frequency ω results in
the periodical response of the system [26, 27].
If the damper is not present (i.e. clamped free blade), then FC = 0, the equilibrium is linear and can be
solved, in the frequency domain, as a simple system of algebraic equations:

Q
1
=
(
−ω2 ·M + i · C +K

)−1
F

1
E (3)

where Q1 and F 1
E represent the first harmonic Fourier components of the displacement and external force

vectors.
If, on the other hand, the damper is present, contact forces are non-zero FC(Q, Q̇). These forces are due to
Coulomb friction nonlinearities and are typically determined as a function of relative displacements at the
contact using a suitable contact model [28]. Given the dependence of contact forces on displacements, the
equations are clearly nonlinear. As a result, iterative techniques such as Newton-Raphson or Continuation
methods are applied [29].
At this first validation stage, the iterative procedure is avoided. Contact forces and external forces are directly
measured, transformed in the frequency domain using FFT, and applied to the clamped free blade model.

Q
1
=
(
−ω2 ·M + i · C +K

)−1 (
F

1
E,MEAS + F

1
C,MEAS

)
(4)

The dependence of contact forces on relative displacements is still present, in fact different experimental
conditions (different ω, different excitation levels FE) yield different measured values of FC . However, no
assumption on the formulation of this displacement-contact force relation is needed at this stage. The authors
are willingly separating the validation of the blade dynamic model (results in Sect. 4) from the assessment
of the adequacy of the contact model formulation (addressed in Sect. 5 ).

3.2 The damper numerical model

The damper here is considered as a rigid body with six degrees of freedom at its centre of mass. The rigid
body assumption is well justified by the bulkiness of solid-bar underplatform dampers, and has already been
validated against specific experimental evidence on underplatform dampers [8, 23, 25]. The same conclusion
has been reached for similar applications in [6].
A 2D view of the damper numerical model is shown in Fig. 4, together with the damper DOFs expressed in
the same reference frame as the blade. Only the YZ plane is shown here because this investigation is focused
on the first bending mode, which can be completely described in the YZ plane (i.e. no motion along the X
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Figure 3: (a) Selected master nodes for CB-CMS reduction. (b) Comparison between experimentally mea-
sured Free FRF with the FRF of tuned numerical model. (c) A 3D spring compliance introduced to tune the
free elastic blade structure

Figure 4: 2D view of the damper numerical model
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Figure 5: (a) Even side damper placed at its nominal position to measure contact forces. (b) Odd side damper
placed at its nominal position to measure contact forces

direction). The inputs to the model are the displacement vectors, (yLP , zLP ) and (yRP , zRP ), at the retained
contact nodes on the surface of the FE model of the blade.

Time discrete macroslip elements shown in the figure Fig. 4 and further analyzed in [28], are used to
obtain the contact forces as a function of the relative damper-platform displacements. Their adequacy will
be discussed in Sect. 5.
The damper equilibrium equations are solved using a time-marching method, whose complete description
can be found in [30]. This novel quasi-static method can be applied to systems whose inertial effects are
negligible (as in the damper-only case). Unlike Harmonic Balance, there is no risk of misrepresenting contact
forces with insufficient number of harmonics, and is more than ten times faster than standard Direct Time
integration.

4 Validation of the blade dynamic model

The purpose of this section is to verify whether the forced response computed using the clamped FE model
of the blade, fed with the measured contact forces values (see Eq. 4), matches the measured FRF. The ex-
citation level applied through the shaker (and mimicked in the numerical environment) is in all cases set at
‖F 1

E‖ = 1 N.
This validation procedure is attempted using two different configurations. As explained in Sect. 2 there are
two dampers on either side of a single turbine blade. The validation is performed by mounting only one
damper at a time (see Fig. 5).
Contact forces are measured at the ground platforms’ side. Force components applied on the blade are ob-
tained through the damper static force equilibrium as shown in Fig. 2. A detailed description and formulation
of the force diagrams can be found in [23]. The uncertainty level of contact force measurements is in the
[0.75-1] N range, and cannot be reduced further due to mechanical tolerances, electronics/signal noise and
uncertainty involved in the estimation of platform angles. It will be shown that, depending on the magnitude
of harmonic variation of the contact forces, the uncertainty level of the forces may hinder the validation
procedure.
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Figure 6: (a) Error sensitivity of blade response amplitude due to even side contact forces measurement at
FC = 26 N. (b) Numerical vs Experimental results comparison for damper forces measured on Odd side at
FC = 26 N

(a) (b)

Figure 7: (a) Typical contact forces harmonic variation when only the ”even” side damper is present. (b)
Typical contact forces harmonic variation when only the ”odd” side damper is present.

4.1 Noise effect on measured Contact Forces

At first, the left side of the blade is considered: contact forces measurements R12 and R14 from load cells
LC12 and LC14 are used to compute the corresponding contact forces at the blade side (FBE,Y and FBE,Z)
which are finally applied as external forces on the numerical model as shown in Fig. 5 a. The experimental-
numerical comparison is shown in Fig. 6 a. A large discrepancy between the measured FRF and the numer-
ical ”prediction” can be observed. The cause of this difference does not reside in the model itself, rather in
the measured contact force signals fed to the model.
It has been found that harmonic variation of the force components (i.e. then transformed in F 1

C) measured
by the even load cells (LC12 and LC14) at an excitation force of 1 N, ranges between 1 to 2 N at most (see
also Fig. 7 a). The magnitude of the harmonic variation of the force depends upon the contact angles and the
platform kinematics (i.e. blade mode shape and experimental set-up). The level of uncertainty on the contact
force signals ( ≈ 0.75 N) is of the same order of magnitude as the signal itself and this easily explains the
very large discrepancies between numerical and experimental results.
To evaluate further the effect of the force measurement error on the blade response amplitude, a sensitivity
analysis has been performed. A sinusoidal error has been added ”numerically” to the measured force signals.
The amplitude of this error is equal to the uncertainty level (0.75 N) with a phase shift with respect to the
contact force signals varying from 0 to 15 degrees. This sensitivity analysis is performed for a single experi-
mental condition, i.e. centrifugal load on the damper FC=26 N and excitation force ‖F 1

E‖=1. The maximum
and minimum values of the blade response produced by the perturbed contact force signals are shown in
Fig. 6 a. It can be seen that even a seemingly small noise signal can have a significant impact on the blade
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Figure 8: Comparison of numerical and experiment results for three different static damper centrifugal load
values FC = 26, 46 and 86 N

amplitude response. The following section addresses the second validation attempt, operated on the set up
shown in Fig. 5 b.

4.2 Successful experimental-numerical comparison

The experimental set-up shown in Fig. 5 b, thanks to a different combination of choice of contact angles and
platform kinematics, produces:

• higher harmonic variation of the measured contact forces (in this case recorded at the load cells LC11
and LC13), now ranging between 5 and 8 N (see also Fig. 7 b);

• increased stiffening effect, as shown in Fig.6 b, the peak for FC=26 N is now sharper and few Hz
higher than that shown in Fig. 6 a.

Furthermore, in this case, the uncertainty level guaranteed by the load cell measurement is adequate (rea-
sonably smaller than the force signals themselves). As a result, the validation procedure summarized in Eq.
4 can be safely applied. The experimental-numerical comparisons are shown, for different levels of cen-
trifugal load on the damper, in Fig. 6 b and 8: numerical results match their experimental counterpart quite
satisfactorily in all investigated cases.

5 Validation of the damper numerical model

This section seeks to assess the adequacy of the numerical model of the damper between a set of ideal
platforms shown in Fig. 4. This task requires:

• estimating a set of contact parameters to calibrate the contact model (Sect. 5.1);
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Figure 9: (Left) Relative platform kinematics p and reaction force FP , component of the contact force FLO

parallel to p. (Right) definition of the effective platform-to-platform stiffness KP starting from quantities p
and FP .

• comparing the result of the numerical model with that of the reference experimental evidence (Sect.
5.2).

This task is performed on the experimental configuration shown in Fig. 5 b where reliable contact force
measurements are available.

5.1 Contact parameter estimation

The contact model shown in Fig. 4 requires three calibration parameters: the friction coefficient µ and the
normal and tangential contact stiffness values kn and kt. It is here assumed that all contact points share the
same set of parameters, a reasonable assumption given to the identical geometry and material of the two
damper-platform interfaces.
The analysis of the Tangential/Normal force ratio at the two interfaces reveals that the contacts never reach
the gross slip condition (i.e. the force ratio never reaches a plateau [31]). Since the ratio is, in the investigated
cases, always lower than 0.25, a lower limit for the friction coefficient can be set at µ > 0.25.
The ”odd” damper is ”hidden” inside the blade cavity, therefore measuring the damper-platform relative
displacement to estimate the contact stiffness in a straightforward manner is not possible. A different formu-
lation, developed for In-Phase blade vibration in [32], is here extended to a more general case.
The damper acts as a constraint between two adjacent platforms, this effect is at its maximum during the
full-stick condition. The platform-to-platform relative kinematics can be easily determined, either through
the validated FE model or by direct measurement with a differential laser head. In Fig. 9 the relative plat-
form displacement for the experimental set up shown in Fig. 5 b is represented by the vector p = (py, pz) =

(yLP − yRP , zLP − zRP )
′ oriented with an angle γ = atan

(
zLP−zRP
yLP−yRP

)
with respect to the global reference

system. In the present case the relative platform displacement has a simple linear trajectory with γ = 22.5◦

for all investigated levels of excitation ‖FC‖/‖FE‖.
It is worth noting that only the component of the contact forces oriented along the direction of motion will

contribute to stiffening the structure, e.g. only the projection FP of the force on the ground platform FLO

acts as an effective constraint. Starting from the relation, valid in full stick condition:
(
FLO,y

FLO,z

)
=

[
Kyy Kzy

Kyz Kzz

]
·
(
py
pz

)
(5)

where Kyy, Kyz = Kzy and Kzz are simple linear combinations of the contact springs kn and kt which
depend on the position of the contact points and on the contact angles θR and θL.
If the direction of the relative platform kinematics γ is known, it is possible to isolate the corresponding force
component:

FP =
(
cos(γ) sin(γ)

)
·
[
Kyy Kzy

Kyz Kzz

]
·
(
cos(γ)
sin(γ)

)
· ‖p‖ (6)
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(a) (b)

Figure 10: (a) Measured platform-to-platform hysteresis cycles at resonance for increasing values of cen-
trifugal load on the damper (b) Measured vs. simulated platform-to-platform hysteresis cycle for FC = 26
N.

Then, the effective platform-to-platform stiffness can be defined as:

KP =
(
cos(γ) sin(γ)

)
·
[
Kyy Kzy

Kyz Kzz

]
·
(
cos(γ)
sin(γ)

)
(7)

The platform-to-platform stiffness KP = f (kn, kt, θL, θR, γ) value can be easily determined experimen-
tally, as shown in Fig. 10 a. Since parameters θL, θR, γ are known the comparison between the ”analytical”
value of KP and its measured counterpart can be used to estimate the kn and kt values.
The analytical-experimental comparison discussed above is not enough to uniquely estimate a kn, kt pair (one
equation with two unknowns). Fortunately, a validated estimate of the kn value can be found in Harris[33]
which sets kn in the 5 ·107−108 N/m range, depending on the effective length of contact (known with some
uncertainty). As a result the comparison between analytical and experimentalKP values yields estimates for
the tangential contact spring kt, shown in Table 1. The uncertainty band on each kt estimate is not due to the
KP measurement itself (remarkably repeatable), rather on the uncertainty of the kn value. Fortunately the
uncertainty band on kt is reasonably limited and still allows the user to detect a clear dependence of kt on
the load at the contact.

Table 1: Tangential contact stiffness estimates as a function of the centrifugal load on the damper

FC (N) kt (N/µm)

26 [3-6]
46 [6-8]
86 [9-11]

5.2 Results discussion

The proper estimates for kn and kt derived in Sect. 5.1 and the relative platform kinematics vector p are fed
to the damper numerical model (see Fig. 4). The resulting platform-to-platform hysteresis cycle (i.e. FP

vs. p) is compared to its measured counterpart (one example for FC = 26 N is shown in Fig. 10 b). The
comparison is quite satisfactory however two main points which require improvement can be detected.
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• The adopted contact model underestimates the (minor) damping contribution present in the microslip
regime. In fact, the numerical platform-to-platform hysteresis cycle has zero area (i.e. proportional to
dissipated energy), while the measured counterpart has a certain damping contribution which decreases
as the ratio ‖FC‖/‖FE‖ increases (see Fig. 10 a).

• The contact model has no built-in capability to catch changes in the contact conditions produced by
increased contact pressure. As a result, it requires re-calibration if the centrifugal load on the damper
increases (see different values of KP in Fig. 10 a and resulting kt estimates in Table 1).

6 Conclusions

The paper was successful in:

1. building an improved linear clamped blade model to faithfully reproduce the test rig condition and its
root constraints;

2. validating said model by feeding it measured contact forces signals and comparing numerical vs.
experimental FRFs;

3. providing unique estimates for the contact parameters values;

4. assessing the adequacy of the contact model by comparing numerical vs. experimental platform-to-
platform hysteresys cycles.

Steps 2 and 4 can be thought of as two equally important validation steps.
Step 2 validates the dynamics of the ”linear clamped FE model of the blade” in the nonlinear regime with-
out assumptions on the contact model, i.e. it answers the question: ”if the contact model was capable of
producing correct estimates of the friction forces, would the constrained blade FE model predict the correct
frequency response?”.
Step 4 addresses separately and independently the adequacy of the contact model, i.e. it answers the ques-
tion: ”if the contact model is fed the correct input displacements, is it capable of predicting correct estimates
of the friction forces?”.
Thanks to the test rig capabilities these two validation steps can be performed independently using a com-
plete set of experimental evidence: the blade response (FRF) and the corresponding set of contact forces.
Limitations of this approach due to insufficient resolution of the contact force signals for given damper con-
figurations are highlighted as an important warning for the experimenters.
Since the two validation steps have been achieved successfully, the authors are now working on the imple-
mentation of the validated damper model with the validated clamped FE model of the blade.

References

[1] J. H. Griffin, Friction Damping of Resonant Stresses in Gas Turbine Engine Airfoils, Journal of Engi-
neering for Power, Vol. 102, No. 2, ASME International(1980), pp. 329-333.

[2] W. Sextro, K. Popp, I. Wolter, Improved Reliability of Bladed Disks due to Friction Dampers, ASME.
Turbo Expo: Power for Land, Sea, and Air, Orlando, Florida, USA, 1997 June 2-5, The Orlando
(1997), pp. V004T14A035.

[3] B. D. Yang, C. H. Menq, Characterization of contact kinematics and application to the design of
wedge dampers in turbomachinery blading: part 1stick-slip contact kinematics, Journal of engineering
for gas turbines and power, Vol. 120, No. 2, ASME(1998), pp. 410-417.

DAMPING 1033



[4] B. D. Yang, C. H. Menq, Characterization of Contact Kinematics and Application to the Design of
Wedge Dampers in Turbomachinery Blading: Part 2Prediction of Forced Response and Experimental
Verification, Journal of engineering for gas turbines and power, Vol. 120, No. 2, ASME(1998), pp.
418-423.

[5] G. Csaba, Modelling of a microslip friction damper subjected to translation and rotation, ASME 1999
International Gas Turbine and Aeroengine Congress and Exhibition, Indiana, USA, 1999 June 7-10,
The Indiana (1999), pp. V004T03A012-V004T03A012.

[6] K. Y. Sanliturk, D. J. Ewins, A. B. Stanbridge, Underplatform dampers for turbine blades: the-
oretical , analysis and comparison with experimental data, ASME 1999 international gas turbine
and aeroengine congress and exhibition, Indiana, USA, 1999 June 7-10, The Indiana (1999), pp.
V004T03A037-V004T03A037.

[7] L. Panning, K. Popp, W. Sextro, K. Popp, Optimization of interblade friction damper design, ASME
Turbo Expo 2000: Power for Land, Sea, and Air, Munich, Germany, 2000 May 8-11, The Munich
(2000), pp. V004T03A068-V004T03A068.

[8] E. P. Petrov, D. J. Ewins, Analytical formulation of friction interface elements for analysis of nonlinear
multi-harmonic vibrations of bladed discs, ASME Turbo Expo 2002: Power for Land, Sea, and Air,
Amsterdam, The Netherlands, 2002 June 3-6,

[9] S. Zucca, D. Botto, M. Gola, Range of variability in the dynamics of semi-cylindrical friction dampers
for turbine blades, ASME Turbo Expo 2008: Power for Land, Sea, and Air, Berlin, Germany, 2008
January 9-13, The Berlin (2008), pp. 519-529.

[10] L. Pesaresi, L. Salles, A. Jones, J.S. Green, C.W. Schwingshackl, Modelling the nonlinear behaviour
of an underplatform damper test rig for turbine applications, Mechanical Systems and Signal Pro-
cessing, Vol. 85, Elsevier (2017), pp. 662-679.

[11] C.W. Schwingshackl ,E.P. Petrov, D. J. Ewins, Effects of Contact Interface Parameters on Vibration
of Turbine Bladed Disks With Underplatform Dampers, Journal of Engineering for Gas Turbines and
Power, Vol. 134, No. 3, ASME International (2012), pp. 032507.

[12] C. Gastaldi, Modeling Friction for Turbomachinery Applications: Tuning Techniques and Adequacy
Assessment of Heuristic Contact Models, Contact and Fracture Mechanics InTech(2018).

[13] I. A. Sever, E. P. Petrov, D. J. Ewins, Experimental and numerical investigation of rotating bladed
disk forced response using underplatform friction dampers, Journal of Engineering for Gas Turbines
and Power, Vol. 130, No. 4, ASME(2008), pp. 042503.

[14] T. berruti, A test rig for the investigation of the dynamic response of a bladed disk with underplatform
dampers, Mechanics Research Communications, Vol. 37, No. 6, Elsevier(2010), pp. 518-583.

[15] A. Bessone, F. Toso, T. Berruti, Investigation on the dynamic response of blades with asymmetric un-
der platform dampers, ASME Turbo Expo 2015: Turbine Technical Conference and Exposition, Mon-
treal, Quebec, Canada, 2015 June 15-19, The Montreal (2015), pp. V07BT33A003-V07BT33A003.

[16] C.W. Schwingshackl, E.P. Petrov, D.J. Ewins, Validation of test rig measurements and prediction tools
for friction interface modelling, ASME Turbo Expo 2010: Power for Land, Sea, and Air, Glasgow, UK,
2010 June 14-18, The Glasgow (2010), pp. 1015-1024.

[17] D. Botto, M. Lavella, M. M. Gola, Measurement of Contact Parameters of Flat on Flat Contact
Surfaces at High Temperature, ASME Turbo Expo 2012: Power for Land, Sea, and Air, Copenhagen,
Denmark, 2012 June 11-15, The Copenhagen (2012), pp. 1325-1332.

1034 PROCEEDINGS OF ISMA2018 AND USD2018



[18] M. Lavella, D. Botto, M. Gola, Design of a high-precision, flat-on-flat fretting test apparatus with
high temperature capability, Wear, Vol. 302, No. 1-2, Elsevier(2013), pp. 1073-1081.

[19] M. M. Gola, M. B. dos Santos, L. Tong, Design of a new test rig to evaluate under-platform damper
performance, ASME 2010 10th Biennial Conference on Engineering Systems Design and Analysis,
Istanbul, Turkey, 2010 July 12-14, The Turkey (2010), pp. 85-94.

[20] C. Gastaldi, M. M. Gola,, A Random Sampling Strategy for Tuning Contact Parameters of Underplat-
form Dampers, ASME Turbo Expo 2015: Turbine Technical Conference and Exposition, Montreal,
Quebec, Canada, 2015 June 15-19, The Montreal (2015), pp. V07BT33A004.

[21] C. Gastaldi, M. M. Gola, Pre-optimization of Asymmetrical Underplatform Dampers, Journal of En-
gineering for Gas Turbines and Power, Vol. 139, No. 1, ASME International (2016), pp. 012504.

[22] D. Botto, C. Gastadi, M. M. Gola, M. Umer, An Experimental Investigation of the Dynamics of a
Blade With Two Under-Platform Dampers, Journal of Engineering for Gas Turbines and Power, Vol.
140, No. 3, ASME International (2017), pp. 032504.

[23] D. Botto, M. Umer, A novel test rig to investigate under-platform damper dynamics, Mechanical
Systems and Signal Processing, Vol. 100, Elsevier (2018), pp. 344-359.

[24] R. Craig, M. Bampton, Coupling of substructures for dynamic analyses, AIAA journal, Vol. 6, No. 7,
(1968), pp. 1313-1319.

[25] Hurty, C. Walter, Dynamic analysis of structural systems using component modes, AIAA journal, Vol.
3, No. 4, (1965), pp. 678-685.

[26] T. H. Cameron, J. H. Griffin, An alternating frequency/time domain method for calculating the
steady-state response of nonlinear dynamic systems, Journal of applied mechanics, Vol. 56, No. 1,
ASME(1989), pp. 149-154.

[27] A. Cardona, T. Coune, A. Lerusse, M. Geradin, A multiharmonic method for non-linear vibration
analysis, International Journal for Numerical Methods in Engineering, Vol. 37, No. 9, Wiley Online
Library(1994), pp. 1593-1608.

[28] C. M. Firrone, S. Zucca, friction contacts in structural dynamics and its application to turbine bladed
disks, InTech (2011).

[29] M. Krack, L. Salles, F. Thouverez, Vibration Prediction of Bladed Disks Coupled by Friction Joints,
Archives of Computational Methods in Engineering, Vol. 24, No. 3, Springer(2017), pp. 589-636.

[30] C. Gastaldi, T. M. Berruti, Competitive Time Marching Solution Methods for Systems with Friction-
Induced Nonlinearities, Applied Sciences, Vol. 8, No. 2, Multidisciplinary Digital Publishing Insti-
tute(2018), pp. 291.

[31] C. Gastaldi, M. M. Gola, Testing, simulating and understanding under-platform damper dynamics,
Proceedings of the VII European Congress on Computational Methods in Applied Sciences and Engi-
neering, Crete, Greece, 2016 June, The Crete (2016).

[32] C. Gastaldi, M. M. Gola, Criteria for best performance of pre-optimized solid dampers, ASME Turbo
Expo 2004: Power for Land, Sea, and Air, Oslo, Norway, 2018 June 11-15, The Oslo(2018).

[33] T.A. Harris, M.N. Kotzalas, Rolling Bearing Analysis, edition 5th, CRC Press(2006).

DAMPING 1035



1036 PROCEEDINGS OF ISMA2018 AND USD2018


