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Abstract
An approach to estimate the natural modes and dynamic responses of a planetary gear train with spur gears
is proposed by using a general purpose multibody simulation tool with a gear contact model that allowed
to include time-varying mesh stiffness. The numerical model is two dimensional and takes into account the
component motions in torsional and transverse directions. The modal behavior of the gear set was firstly
investigated in terms of natural frequencies and mode shapes in a stationary condition. These natural modes
were predicted and compared with experimental results available in the literature. Furthermore, a dynamic
response in terms of dynamic transmission error at a spinning condition with in-phase or sequentially phase
planetary configurations were carried out and concluded that the natural frequency range varies in gear mesh
stiffness associated modes.

1 Introduction

Mechanical power transmissions that comprise planetary gears are widely used in many industrial applica-
tions, e.g., in the automotive and aerospace sectors due to the fact that component durability increases by
load sharing from the multiple load paths with high levels of transmitted power within a confined design
space. Moreover, a combination of the central members (sun, carrier, and ring) with planet gears enables
to achieve various gear ratios in a single design. However, planetary gear trains may exhibit undesirable
dynamic behavior resulting in high noise and vibration. It is due to the fact that complexity of the planetary
gear train having multiple gear meshes is higher than the one of simpler counter-shaft gear drives. Therefore,
a detailed understanding of the system parameters that influence the dynamic characteristics is crucial to
solving various performance issues in dynamics.

A significant amount of dynamic analyses concerning the planetary gear systems are found in the literature
in various aspects. Kahraman [1] described the natural modes of planetary gear trains and their sensitivity
to the system parameters through a pure torsional model. Inalpolat and Kahraman [2] developed a torsional
dynamic model to study single and double-planet or complex compound configurations. They [3] also devel-
oped a simplified mathematical model to investigate a planetary gear sideband with various planetary gear
configurations. Subsequently, They [4] studied sideband phenomena in a planetary gear train from manu-
facturing errors by using a two dimensional nonlinear time-varying model they developed. A large part of
the literature about the planetary gears was published by Parker whose works are the major references for
this work, especially for the studies on the planetary gears dynamic modal behaviors. Lin and Parker [5] in-
vestigated modal energy distribution and analyzed the sensitivity of the planetary gear systems to the system
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parameters such as tooth mesh stiffness and component inertia. The authors [6] also described the modes
that are typical for a planetary gear system describing them in terms of kinetic energy distribution among
the various components. Parker and Lin [7] reported formulae to determine the mesh phasing relationships
to inspect the different dynamic behavior in different categories of the system configuration. Parker [8], and
Parker and Ambarisha [9] analyzed the effects of the mesh phasing in the planet modes on planetary gear
transmission error suppression. Regarding an experimental study for planetary gear systems, Ericson and
Parker [10, 11] performed experimental modal analyses including planetary gear vibration measurement and
compared with the results of the analytical model they developed. They are perhaps the first researchers con-
ducting the planetary gear experimental modal analysis with an inclusion of the measurement of the planet
gear modes by installing a set of linear accelerometers on the planet bodies. Their successive work [12]
investigated load dependent system dynamics by an experimental study.

2 Experimental study in the literature

The experimental investigation by Ericson and Parker [10] of the planetary gear modal behavior includes
low frequency fixture modes, where high strain and kinetic energy are concentrated in the central members
(shaft, sun, carrier, ring) and high frequency gear modes, where high kinetic energy is focused on the gear
tooth meshes and planet bearings. The test results explained throughout this section are all based on the work
by Ericson and Parker [10].

2.1 Experimental setup

Ericson and Parker conducted a planetary gear system experimental modal analysis at stationary condition
by applying both impact hammers and modal shaker in various directions depending on the mode of interest.
The planetary gearbox originally used in industry has been modified to make the gear tooth stiffness more
compliant resulting in the richer frequency spectrum to be measured.

2.1.1 Test rig

The test rig and its schematic are presented in Figure 1.
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Figure 1: Planetary gear train test rig [10]

All members marked in Figure 1 are described in the list below:
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• A (radial arm): it fixes the sun gear shaft to a bedplate to measure the applied static torque from the
actuator by the load cell connected to it.

• Sun inertia 1: it is a shaft having a relatively large inertia compared to the sun gear shaft to isolate the
gear vibration, and connected to the arm A and sun gear shaft.

• Sun gear shaft: it is a shaft that supports the sun gear in the bearing block supported by spherical thrust
roller bearings.

• Planetary gear: it comprises sun, ring, carrier and three planets, and the ring gear is bolted to a housing.

• Carrier shaft: it is a shaft that supports the carrier in the bearing block supported by spherical thrust
roller bearings.

• Carrier inertia 2: similar to sun inertia 1, it is a shaft having a relatively large inertia compared to the
carrier shaft to isolate the gear vibration, and connected to the arm B and carrier shaft.

• B (excitation arm): it is connected to the carrier shaft and excitation is applied to it by using an impact
hammer or vibration shaker.

• C (coupling): it isolates the planetary gear from the torque actuator with a compliant torsional stiffness.

• D (torque actuator): it generates the torque as a preload to the system at a stationary condition.

2.1.2 Gear geometry

There were two planetary gear sets (“Gear set A” and “Gear set B”) described in the work of Ericson and
Parker [10] and “Gear set B” has been taken in this study as a benchmark system because it has been modi-
fied from “Gear set A” acquired from a production helicopter transmission to make the mesh stiffness more
compliant by reducing facewidth and pressure angles to achieve the measurable frequency ranges of high
frequency gear mode. This gear set comprises spur gears without profile modification but flank line modi-
fications of 4 µm lead crowning in order to avoid edge contact conditions. The geometrical parameters of
these gears are listed in Table 1.

Parameters Sun gear Planets gears Ring gear
Number of teeth 65 55 175
Module (mm) 1.609 1.609 1.609
Tooth thickness (mm) 2 2 2
Facewidth (mm) 10 8 10
Pressure angle (deg) 15.97
Center distance (mm) 96.52
Base diameter (mm) 100.6 85.08 270.7
Root diameter (mm) 97.91 81.78 288.0
Tip diameter (mm) 107.8 91.69 278.9

Table 1: Gear basic dimensions

2.1.3 Modal testing

Ericson and Parker conducted experimental modal analysis with non-rotating gears: the rotational degree of
freedom of the test rig is constrained by the load cell that is jointed to the sun inertia 1, and preload 150 Nm
measured on the sun gear shaft is applied by the torque actuator. In these experiments, two different types
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of force excitation methods were used by an impact hammer and modal shaker. The impact testing excites
the system at a design point, i.e. the arm A (radial arm) or arms B (excitation arm) illustrated in Figure 1 to
detect mainly rotational modes in a low frequency range with a plastic tip at the impact hammer. In addition,
to detect the translation modes better, impacts to the sun gear, carrier and ring gear housing in the vertical
and horizontal directions were applied. Lastly, the modal shaker was directly applied to a planet gear in the
line of action direction of the gear mesh to effectively obtain the tooth stiffness associated high frequency
modes.

2.2 Experimental results

Performing modal analysis experiments, Ericson and Parker [10, 11] have been able to fully define the modal
behavior of the planetary gear system. The modes can be clearly distinguished into two frequency ranges,
one below and one above 1500 Hz. Depending on the range that they belong to, the modes are defined as:

• Fixture modes:
these are characterized by high kinetic energy in the central members, i.e. sun inertia 1 and carrier
inertia 2, sun gear, carrier, and ring. The definition of “fixture modes” comes from the deflection
concentrated in these fixture components, while the components of the planetary system move as a
single rigid body. The frequency ranges of these modes are found at below 1500 Hz.

• Gear modes:
these are characterized by high kinetic energy in the planets and planet bearings, all gear mode natural
frequencies are detected as clusters that are exhibited as three groups, where each of radial, rotational
and tangential direction of planet deflection is dominant at each of cluster. The gear modes are nine in
total, grouped in clusters of three each. The frequency ranges of these modes are found at above 1500
Hz.

2.2.1 Low frequency fixture modes

Impulse testing results detected eleven natural frequencies of four rotational and seven translational modes.
As compared with the results from their analytical model, one translational mode associated with the x
translational deflection in sun inertia 1 was not excited well, therefore not reported. Since there are two
translational modes at sun and carrier appearing as a degenerate pair (repeated natural frequency), it can be
said that fourteen modes in total are explained.

It is noted that anisotropic bearing stiffnesses are associated with sun inertia 1 and carrier inertia 2 due to the
fact that they are connected to the arm A and B respectively under the applied load or excitation on them.
Therefore, instead of having repeated natural frequencies, the separate ones exhibiting the coupled modes
of rotation and translation were examined. On the other hand, repeated natural frequencies in a translation
direction on sun and carrier were examined due to the nature of isotropic bearing stiffnesses associated with
these components. The 14 modes including repeated modes (mode 7 and 9) are illustrated in the literature
[10] and summarized in Table 2.

2.2.2 High frequency gear modes

Gear modes in a high frequency range can be considered as the most important ones in practice because they
can be excited by the gear tooth meshing harmonics and can be a major source of high noise or elevated
bearing loads. These modes are mainly associated with planet gears, and the coupling of these modes with
central members such as shafts, and fixtures are weak. It is noteworthy that planet bearings should be
in condition to have anisotropic stiffness values under load resulting in higher stiffness in the tangential
direction and lower one in the radial direction. This is caused by the fact that forces are applied in the line
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Mode Freq. (Hz) Description
1 124 Trans. mode in x-dir. of inertia 2
2 140 Trans. mode in y-dir. of inertia 2
3 180 Rot. mode coupled with y-dir. of inertia 1
4 200 Trans. mode in x-dir. of inertia 1 (only detected by analytical model)
5 217 Trans. mode in x-dir. coupled with rot. of inertia 1
6 254 Rot. mode of inertia 1 and inertia 2
7 333 Trans. mode (in-phase) of sun and carrier (repeated)
8 404 Rot. mode (in-phase) of sun and carrier
9 582 Trans. mode (out-of-phase) of sun and carrier (repeated)
10 604 Rot. mode (out-of-phase) of sun and carrier
11 648 Trans. mode in x-dir. of ring
12 1465 Trans. mode in y-dir. of ring

Table 2: Fixture modes measured by an experiment

of action direction of each sun-planet and planet-ring mesh generating a higher reaction force in tangential
directions. Therefore, special care needs to be taken when a numerical model is created for correlation related
to gear modes. In addition, gear mesh stiffnesses in planet angular position, equally spaced three planets,
are not identical due to the mesh stiffness at each contact are different due to the nature of the sequentially
phased planet configuration in the mesh. In this sense, averaged mesh stiffness assumption made in the
model may mislead the judgment of the result correlation. The nine gear modes (each translation modes has
a multiplicity of two) are summarized in Table 3

Mode Freq. (Hz) Description
13 1420 Rot. mode of central members with planet deflection in radial dir.
14 1600 Trans. mode of central members with planet deflection in radial dir. (repeated)
15 2735 Rot. mode of central members with planet deflection in rotational dir.
16 2832 Trans. mode of central members with planet deflection in rotational dir. (repeated)
17 3380 Trans. mode of central members with planet deflection in tangential dir. (repeated)
18 3430 Rot. mode of central members with planet deflection in tangential dir.

Table 3: Gear modes measured by an experiment

3 Multibody modeling of a planetary gear system

In order to understand the dependency of the dynamic behavior of a planetary gear system on its geometrical
characteristics, the use of a multibody model that combines gear contact analysis solver representing all
structures, rotating elements and gear geometrical configuration is appropriate. The main objectives in this
study are to validate the multibody simulation results against the experimental results in Section 2 and extend
this multibody model to investigate the dynamic behavior in high frequency gear modes with respect to the
different planetary gear configurations, i.e., in-phase or sequentially phase planets at stationary and spinning
conditions. This multibody model relied on the test rig configurations with the degrees of freedom and the
given geometrical parameters reported in the literature [10].

3.1 Multibody simulation tool for a transmission system

To create and solve a multibody model of an example planetary gear system, a general purpose commer-
cial multibody software, “Simcenter 3D Motion” (hereafter, also called “Motion”) from Siemens Industry
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Software NV was employed in conjunction with a gear train multibody model creation tool, “Transmission
Builder” [13]. Transmission Builder is a vertical application to set up the multibody simulation model of the
transmission enabling the workflow to be simplified reducing time when 3D CAD geometries and multibody
elements are created. It creates the initial and boundary conditions such as component positions, orientations,
gear mesh phases, rigid joints and bushing elements for flexible joints.

Furthermore, the multibody research team of Siemens Industry Software NV has put considerable effort in
revisiting their gear contact numerical approach to drivetrain simulation. This gear contact solver architecture
is designed to allow the user to perform a dynamic multibody simulation with different levels of fidelity with
measured transmission error values or FE method for gear contact according to the required computation
time and desired level of predictive capacity. Constant stiffness computation is implemented as per ISO
6336 [14] and time-varying mesh stiffness is computed with the combined method of ISO [14] and Cai [15].
FE method has a hybrid scheme combining nonlinear FE computation for tooth bending including gear body
deflection with an analytical formula to compute local tooth contact deformation by using Herztian formula,
which accelerates the computation speed without compromising the accuracy. The details of these individual
methods were explained in the literature by Tamarozzi et al. [16]. This tool can also deal with microgeometry
of a tooth profile and flank line to predict gear dynamics precisely.

3.2 Degrees of freedom for a multibody model

Regarding the test rig configuration and planetary gear system that are referenced to create the multibody
model in this study, the literature [10] does not describe all detailed geometries for fixtures, shafts, and gears,
but lists lumped parameter masses, moments of inertia, and stiffness values used in creating their analytical
model. It is a two dimensional model including rotational and transverse DOFs by neglecting axial DOF,
which is a feasible approximation in a sense that only spur gears, not generating axial reaction forces from
the gear mesh, are used in the planetary gear system. The lumped parameter models for test rig and planetary
gear are illustrated in Figure 2.

unique modal properties of planetary gears. Their work is the foundation of the analytical lumped-parameter model used in
this study. In addition to the planetary gear, the input and output shafts and inertial bodies are included.

Fig. 6 illustrates the analytical lumped-parameter model (referred to as the analytical model) that is compared against
the experiments. Fig. 6a shows the details of the planetary gear model presented by Lin and Parker. This model is
integrated into a larger system-level model shown in Fig. 6b that considers the connecting test fixtures and boundary
conditions. The moment of inertia of the load cell arm is added to inertia 1 and grounded by the load cell stiffness klc. The
moment of inertia of the excitation arm and a portion of the compliant coupling are added to inertia 2, which is grounded
by the torque actuator (Fig. 2b) through the coupling stiffness Kcoup. Rotational and translational vibrations of all gear
bodies as well as inertias 1 and 2 are considered. The lumped torsional and flexural stiffnesses of the sun gear shaft
connect the rotational and translational degrees of freedom of inertia 1 to the sun gear. There is a similar connection
between inertia 2 and the carrier. The shaft mass and moment of inertia are ignored. A refined model with each shaft
discretized into 10 segments considering both moment of inertia and stiffness showed that the effect of shaft modes on the
rest of the system is negligible. Shaft mode natural frequencies are above the frequency range of interest or decoupled
from the system studied in Fig. 6. This justifies the simpler shaft model with only lumped stiffness. There are 29 degrees of
freedom in the model for Gear A (five planets) and 23 degrees of freedom for Gear B (three planets). The lumped parameter
model captures all of the natural frequencies observed in the experiments at low and high frequencies.

Parameter values for the model are obtained experimentally or by analytical approximation. Mass values are obtained
by weighing the components. Moments of inertia are calculated with solid modeling software. Carrier and sun gear

Table 3
Sampling parameters for incremental shaker sine sweep tests.

Bandwidth (kHz) 1–4 4–7 7–10

Sampling frequency, fs (kHz) 20 25 50

Number of samples, N 1024 256 256

Fig. 6. Analytical lumped-parameter model compared against the experimental results with (a) the detailed planetary gear model and (b) additional

components and parameters associated with the experimental fixtures.

T.M. Ericson, R.G. Parker / Journal of Sound and Vibration 332 (2013) 2350–2375 2357

(a) Model for test rig
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(b) Planetary gear model

Figure 2: Lumpled parameter models [10]

Each inertia and mass of the shafts connected to the sun gear shaft and carrier shaft is not taken into account
because those values are minor compared with the inertia 1 and 2, whereas their bending and torsional
stiffness values are included. Since experimental results did not show the rotational mode on the ring gear,
the rotational degrees of freedom is not considered; however, translational degrees of freedom from the
housing structure were considered. These corresponding values of the housing stiffness are calculated with
FE software. The transverse stiffness values of sun and carrier bearings are experimentally obtained and the
bearings of inertia 1 shaft and inertia 2 shaft are calculated with commercial software. The mesh stiffness
values are firstly calculated with an FE based gear contact software evaluating different values of mesh
stiffness for different steps during the mesh cycle and the average value are subsequently used. With these
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assumptions, a lumped-parameter model comprises 23 degrees of freedom in total, i.e., transverse (x and y)
and rotational (z) for inertia 1, inertia 2, sun, carrier, three planets, and transverse (x and y) for the ring. All
parameters characterized by Ericson and Parker [10] are summarized in Table 4:

bearing stiffnesses are obtained by experiments (Fig. 4) [40]. Load-dependent inertia 1 and inertia 2 bearing stiffnesses are
determined by commercial software. The inertias 1 and 2 bearing stiffnesses are anisotropic due to different static preload
forces in the translational directions. The ring gear translational stiffness is obtained by finite element modeling of the ring
gear support frame. Planet bearing stiffness is provided by the manufacturer and estimated by analytical software. Mesh
stiffnesses are calculated using the finite element program discussed in the next section. The linear stiffness of the load cell
and torsional stiffness of the compliant coupling on the carrier shaft are provided by the manufacturers.

Table 4 provides the lumped-parameter masses, moments of inertia, and stiffnesses used in the analytical models.
Table 4a gives the values for Gear A, Table 4b for Gear B, and Table 4c for the accessory experimental fixtures used to test
both planetary gears. The masses and moments of inertia of the load cell arm and the excitation arm are included with
inertia 1 (sun gear) and inertia 2 (carrier), respectively. The mass of the fixtures that bolt the ring gear to the bedplate
(Figs. 1 and 2a) are included in the model. As shown in later experimental and modeling results, translational modes
dominated by ring gear deflection appear within the frequency range studied. The rotational stiffness of the ring gear
housing, however, is assumed to be rigid because no modes are detected in experiments with measurable ring gear
rotational vibration.2

Figs. 2 and 6b show that inertia 1 is rotationally constrained by the load cell attached to the end of the load cell arm. An
off-diagonal coupling stiffness between inertia 1 rotation and y-translation caused by the offset of the load cell arm
from inertia 1’s rotation axis (Figs. 2a and 6b) naturally arises in the model. The value of the coupling stiffness was tuned
to improve modeling accuracy in modes with significant rotational and translational motion in inertia 1 (modes 3 and 5
discussed later).

Table 4
Lumped-parameter values of (a) Gear A, (b) Gear B, and (c) the connecting fixtures.

(a) Gear A

Sun Planet Ring Carrier

Mass (kg) 7.657 1.724 110.1 28.87

Moment of inertia (kg m2) 29:89� 10�3 2:378� 10�3 – 346:3� 10�3

Bearing stiffness (N/m) 98:0� 106 315� 106 x: 1:72� 109 10:1� 106

y: 10:2� 109

Mesh stiffness (N/m) 70:6� 106 115� 106

(b) Gear B

Sun Planet Ring Carrier

Mass (kg) 12.44 1.433 110.2 28.38

Moment of inertia (kg m2) 64:04� 10�3 1:606� 10�3 – 398:7� 10�3

Bearing stiffness (N/m) 98:0� 106 x: 146� 106 x: 1:72� 109 10:1� 106

y: 427� 106 y: 10:2� 109

Mesh stiffness (N/m) 89:1� 106 120� 106

(c) Experimental fixtures

Inertia 1 (sun) Inertia 2 (carrier)

Mass (kg) 29.72 36.49

Moment of Inertia (kg m2) 259:9� 10�3 145:2� 10�3

Radius (m) 91:44� 10�3

Bearing stiffness (N/m) x: 46.3�106

y: 45.8 �106

x: 22.2�106

y: 28.3 �106

Load cell arm radius rlc (m) 266:8� 10�3

Load cell arm stiffness klc (N/m) 17:8� 106

Compliant coupling stiffness Kcoup (N m/

rad)
20:3� 103

Shaft stiffness Torsional (N m/rad) Flexural (N/m)

Sun gear 316� 103 x: 316� 103 y: 423� 103

Carrier 231� 103 x: 392� 103 y: 470� 103

2 Ring gear accelerometers are typically mounted radially, but some experiments were conducted with accelerometers mounted tangentially to the

ring gear, like other gears, to detect any rotational vibration.

T.M. Ericson, R.G. Parker / Journal of Sound and Vibration 332 (2013) 2350–23752358

Table 4: Lumped system parameters [10]

3.3 Multibody modeling

Each component of test rig is firstly required to be added in Transmission Builder as seen in Figure 3a, then
connections between components are defined according to the schemes in Figure 2 followed by defining gear
meshings as per the values listed in Table 1. To consider the gear geometry with accuracy, the geometry pa-
rameters such as profile shift coefficients, addendum and dedendum of the standard basic rack tooth profiles,
which was not reported in Ericson’s work has been calculated as per ISO 21771 [17] based on the reported
value of contact ratio, 2.07 for all meshes informed in the literature [10]. A profile shift coefficient of −0.3
mm has been added in order to reach the contact ratio of 2.07. Afterwards, addendum haP and dedendum
hfP were calculated from the following equations [17]:

da = d+ 2
z

|z|(xmn + haP + kmn) (1)

df = d− 2
z

|z|(hfP − xmn) (2)

where d is the reference diameter, z the number of teeth, x the profile shift coefficient, mn the normal
module, haP the addendum of the standard basic rack tooth profile, and k the tip alteration coefficient which
is assumed to be zero in these example gears.

Bearing and coupling definition set up at Transmission Builder create bushing elements to represent the
corresponding degrees of freedom with stiffnesses and damping coefficients. For these component properties,
Table 4 was referred with an assumption of damping coefficients. Figure 3b shows the multibody model
created with Simcenter 3D Motion with the work flow mentioned above.
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(a) Transmission Builder (b) Multibody model created in Simcenter 3D Motion

Figure 3: Multibody model creation software tools

Once multibody model is created in Motion, preload of 150 Nm was added to the arm A. Motion has a
functionality to compute the eigenvalues and eigenvectors from the multibody model created by using a
process, “linearization”, which enable all the nonlinear varying parameter in each step to be linearized that
reduces the system to a set of first order linear equations, whose matrices are then used to obtain natural
frequencies and modal matrix.

4 Result comparison

The modes falling into the two categories of low frequency fixture mode and high frequency gear mode are
to be separately discussed in this section as modal behaviors are distinct at each mode.

4.1 Fixture mode results

All fixture modes observed in the results from Motion exhibit correspondence with experimental results. A
comparison of Motion results against experimental ones in terms of natural frequencies is listed in Table 5.

Mode Type Exp. (Hz) Motion (Hz) Deviation (%)
1 Trans. 124 125 0.81
2 Trans. 140 141 0.71
3 Rot. 180 169 6.11
4 Trans. - 193
5 Trans. 217 199 8.29
6 Rot. 254 281 10.63
7 Trans. 333 299 10.21
8 Trans. 333 301 9.61
9 Rot. 404 416 2.97
10 Trans. 582 590 1.37
11 Trans. 582 648 11.34
12 Rot. 604 651 7.78
13 Trans. 648 692 6.79
14 Trans. 1465 1533 4.64

Table 5: Natural frequency comparisons in fixture modes (experiment vs. Motion)
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As mentioned in Section 2.2.1, the fourth mode is not present in the experiment but at an analytical model due
to the weak excitation of that mode, but it is also detected from the Motion model. Some modes are closely
aligned with the experimental results, but also some are deviated up to 12%. It can be said that there are
various reasons for this deviations. Since their analytical model is 2D lumped-parameter one (transverse and
torsional DOFs) and component flexibility such as shafts, carrier, and fixtures are not modeled with finite
elements. There would be some measurement errors when mass and inertia values were experimentally
obtained.

Ericson and Parker [10] showed responses in the sun rotation, carrier rotation, planet rotation, and planet
translation obtained from the experiment in a range below 700 Hz. In order to obtain a better match of
the response peaks, it is necessary that the damping ratios for each mode from the Motion model would
be aligned with the experimentally obtained values. The damping coefficients were iteratively attempted
to be obtained for each degree of freedom of the system until a good match was reached. However, any
complex approach for this estimation was not performed because the natural frequency correlations are of
major interest in this study. Figure 4 shows the frequency response functions (FRFs) for the selective modes.
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Figure 4: Response comparison of selective modes (experiment vs. Motion)

4.2 Gear mode results

In this gear mode, kinetic energies are concentrated in the planet gears, which leads planet radial, rotational
and tangential mode at each of three clusters in order, and at the same time, rotational and translational modes
of central members are exhibited. While planet deflections are distinguished for all clusters, the modes from
central members are also detected as a single rotational and two translational modes. The rotational mode
associated natural frequency is distinct while the translations of sun, carrier and ring are zero, and all the
planets have identical deflections. The translational mode associated natural frequency has a multiplicity of
two, especially in the case that mesh stiffnesses are identical to meshes with all planets, while the rotations
of sun, carrier, and ring are zero.

As an example, Figure 5 shows three modes in cluster 1 and Figure 6 shows the corresponding mode shapes
associated with each natural mode in a 1st cluster, where radial modes (x dir.) of planets are predominated
with mixture of a single rotational and two translational modes (y dir.) of central members. The acronyms
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used on the x-axis of the plot in Figure 6 are as follows: i1 (inertia 1), i2 (inertia2), S(sun), P1 (planet 1), P2
(planet 2), P3 (planet 3), C (carrier), R (ring), PRE (preloading). They are used with the prefix indicating the
direction vectors (x, y, z).

(a) Rotational mode (b) 1st translational mode (c) 2nd translational mode

Figure 5: Gear mode in cluster 1
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(a) Rotational mode
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(b) 1st translational mode
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(c) 2nd translational mode

Figure 6: Eigenvectors of gear modes in cluster 1

From Figures 5 and 6, it is observed that radial modes in planets are predominant in all three natural fre-
quencies in a 1st cluster, which is aligned with what the Ericson and Parker reported [10]. Especially, for the
rotational mode in this cluster, all three planets are in-phase and equal magnitude of eigenvectors in radial
(x) and tangential (y) directions. In addition, sun and carrier are in pure rotational modes without translation.
From Figure 6b and c, it is visible that the radial translations of the planets are still predominant deflections
in the 2nd and 3rd natural frequencies in a 1st cluster. Having described all characteristics of the gear modes,
the comparisons between the results of experiment and Motion model are listed in Table 6. It is noted that
average mesh stiffness according to ISO [14] is used for this simulation because no information was found
about gear phase at impulse testing [10].

The natural frequencies obtained from the Motion model agrees well in general, showing that the largest
deviation is within 10%. There might be various reasons to explain these differences. Gear mesh stiffness
computation under load with numerical software tool is a challenging task considering the manufacturing or
assembly errors of the real gears of the system. Also, gear phases in a stationary condition at the experimental
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Mode Type Exp. (Hz) Motion (Hz) Deviation (%)
Cluster 1

1 Rot. 1420 1566 9.58
2 Trans. 1600 1620 1.25
3 Trans. 1600 1621 1.31

Cluster 2
4 Rot. 2735 2860 4.57
5 Trans. 2832 2867 1.24
6 Trans. 2832 2868 1.27

Cluster 3
7 Trans. 3380 3506 3.73
8 Trans. 3380 3506 3.73
9 Rot. 3430 3521 2.65

Table 6: Natural frequency comparisons in gear modes (experiment vs. Motion)

set would not be easily measurable. Under these circumstances, the Motion model can only assume a certain
meshing position even if mesh stiffness varies at a certain rotational position. Lastly, the measured values of
the planet bearing stiffnesses having anisotropic properties under load are not found in the literature except
for the estimated value from numerical analyses.

5 Time-varying mesh stiffness influence on gear mode

Gear mesh stiffness for any gear pair varies in time, and the amount of variation and shapes depends on
the number of teeth in contact at each time instance and geometry itself. In a planetary gear system, gear
meshes also go through a phase relationship, i.e., in-phase and sequentially phase. In-phase is referred to as
the condition that all meshes (sun-planet and planet-ring) of each planet have identical stiffnesses with other
planet at each instance. On the other hand, Sequentially phase is referenced with the condition that mesh
stiffness per each planet at each instance has a different value in a planetary system. Referring to the literature
[6], the orthogonality of the eigenvectors are described in translational modes depending on the symmetry
of the mesh stiffness values. In the system of in-phase condition, two translational modes (multiplicity of
two) are detected whereas this two modes will veer if there are differences among the mesh stiffness values.
Moreover, it is explained that the larger the stiffness differences are, the wider the frequency bands of the
clusters becomes [11].

5.1 Gear mode changes with meshing condition

The natural frequency investigation with two different mesh stiffness assumptions having a constant stiffness
and time-varying mesh stiffness with sequentially phase condition will differ. The multibody simulation
in section 3 used the constant averaged stiffness because of the experimental setup gear orientation is not
measurable. If time-varying stiffness is taken, the variations and differences among the mesh stiffness values
at each planet will be captured in the sequentially phased planetary system, which is the case of the example
gear set in this study. The first piece of evidence for the natural frequency changes in a gear mode is listed
in Table 7.

The multiplicities of the translational modes in each cluster listed in the column associated with constant
stiffness are recognized in Table 7; however, it is not the case anymore when it comes to the results with
the time-varying stiffness. It is noted that those translational modes are still close to having a repeated mode
in cluster 1. This can be explained that the mesh stiffness influence is minimal when the radial mode of a
planet is predominant in cluster 1, where the projection of the forces along the line of action to the radial
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Mode Type Const. stiff. (Hz) Time-varying stiff. (Hz)
Cluster 1

1 Rot. 1556 1563
2 Trans. 1620 1625
3 Trans. 1621 1626

Cluster 2
4 Rot. 2860 2771
5 Trans. 2867 2833
6 Trans. 2868 2876

Cluster 3
7 Trans. 3506 3473
8 Trans. 3506 3501
9 Rot. 3521 3518

Table 7: Gear mode comparison (constant vs. time-varying stiffness)

direction is relatively small. Moreover, the differences are present not only in terms of multiplicity but also of
mode shapes: the rotational and translational mode shapes in cluster 2 and cluster 3 do not coincide anymore
between two different mesh stiffness assumptions. These differences are presented in Figure 7.

(a) Constant (b) Time-varying

Figure 7: Mode shape comparison with two different mesh stiffnesses at Mode 9 in Table 7

Therefore, these two different mesh stiffness assumption in the Motion model needs to be taken into account
if a distinction between the in-phase and sequentially phased configurations has to be analyzed.

5.2 Gear mode variation on gear spinning

Mesh stiffness continuously changes in gear spinning condition both with in-phase or sequentially phase
planetary gear systems. To investigate the gear mode variation in time while the example planetary gear
system is spinning, the Motion model has been modified by removing the fixture constraints to allow the
model to rotate under a certain amount of load. A subsequent linearization was performed at each time step
in Motion to obtain the natural frequencies, especially of the gear modes. Torque (T = 1500 Nm) and input
speed (Ωinput = 200 rpm) are applied at sun shaft side. Figure 8 shows the stiffness variation between
sun-planet and planet-ring in time, respectively. From Figure 8, the system configuration of sequentially
phase condition were visually observed from the stiffness variation curves in time. It is noted that the phase
between sun-planet and planet-ring are also different in this example system. In this case, more complex
phase relationship would be analyzed to capture the combined effect of the mesh stiffness at sun-planet and
planet-ring contacting interfaces for each planet in time. As a result, the natural frequency variation types
and magnitude would defer with planetary gear configuration.
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Figure 8: Time-varying mesh stiffness computed
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Figure 9: Frequency variation with time-varying mesh stiffness

5.3 Speed sweep simulation

To further investigate the time-varying mesh stiffness influences on system dynamics, a transient dynamic
simulation was conducted by speed sweeping. Two system configurations were simulated, i.e., one for a
sequentially phase and the other for an in-phase condition. To make an in-phase configuration, a small
adjustment was made on the number of teeth from the original system (sequentially phase) by maintaining
the stiffness variation level as similar as possible. Table 8 shows two configurations of planetary systems
used for the speed sweep simulations.

Sun (zs) Planet (zp) Ring (zr)
Original system 65 55 175
In-phase system 66 54 174

Table 8: Number of teeth

To focus on the high frequency gear mode study, the multibody model described in Section 3 were modified
accordingly. The transverse degrees of freedom was removed to make the system to be a pure torsional
model with time-varying mesh stiffness consideration. In addition, the gear parameters have been modified
to obtain lower contact ratios to make more prominent values of mesh stiffness variation. For speed sweep
simulation, a constant acceleration in the system is applied by inserting a torque imbalance between sun and
carrier side. The rotating speed reached 200 rpm in 5.2 seconds to avoid any abrupt transition. Figure 10
shows two waterfall plots to compare the dynamic amplitude in DTE (dynamic transmission error) between
two different gear sets having in-phase and sequentially phase.

From both cases, the dynamic amplitudes at mesh orders of transmission error were captured, which are
caused by the mesh excitation forces in time. Integer number of mesh harmonics pass by the high frequency
gear mode ranges (1500 to 3500 Hz) and resonated. By comparing the results obtained from these two con-
figurations, it is observed that there are differences in terms of natural frequency bands where the resonance
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(a) In-phase (b) Sequentially phase

Figure 10: Dynamic transmission error from a speed sweep simulation with two different planet phases; (a)
in-phase and (b) sequentially phase

peaks were examined: in both cases, the peaks are caused by the excitation at three natural frequencies at
each cluster in the gear mode; however, in the case of the sequentially phased planets, the resulting peak
becomes wider whereas in the case of in-phase planets, the frequency band gets very narrow.

6 Conclusion and future work

To examine a dynamic behavior of a planetary gear system by multibody software tools (Simcenter 3D
Motion and Transmission Builder with a gear contact solver), this multibody model validation step was
firstly conducted against experiments available in the literature. The experimental modal test configurations,
results, and system parameters except for gear mesh stiffness were referred from Ericson and Parker’s work
[10]. The multibody model with an average mesh stiffness value successfully demonstrated that its results
were well aligned with all natural modes experimentally obtained: showing maximum deviation in natural
frequency in low frequency fixture mode (below 1500 Hz) within 12% and in high frequency gear mode
(above 1500 Hz) within 10%.

Subsequently, an investigation of natural modes influenced by time-varying mesh stiffness at different phase
conditions in both quasi-static and dynamic conditions are conducted. In a stationary condition, it was
examined that there were differences in natural modes when the mesh stiffness was assumed to be either
constant or time-varying in sequentially phase planetary gear system. On the other hand, in a spinning
condition, it was concluded that the time-varying mesh stiffness consideration in the multibody models
are crucial both for in-phase and sequentially phase planetary gear system to capture the ranges of natural
frequency variations in time, especially in the gear modes.

Lastly, a speed sweep simulations under a constant load were performed to examine the dynamic transient
effect on the natural modes between in-phase and sequentially phase configurations. Waterfall plots for the
gear modes (above 1500 Hz) were generated to emphasize a clear distinction regarding the variation of the
gear mode cluster ranges. As a result, sequentially phase planetary gear system exhibited a wider range of
the natural frequencies in the gear modes than those of the counterpart.

In order to increase the model accuracy, the inclusion of finite element based models for shafts, gear bodies,
pins, carrier, and fixtures would be necessary with FE based gear mesh stiffness computation. To simulate the
spinning gearbox with higher fidelity, the lubrication influence that alters the contact stiffness and damping
with load and speed on bearing and gear contacting interfaces has to be taken into account, which are to be
the future work of this study.
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